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FINAL REPORT 

COOLED, VARIABLE-AREA RAiOIAL TURBINE PROGRAM 


1.0 SUMMARY 

This is the final report for the conceptual evaluation and 
design analysis for the Cooled, Variable-Area Radial Turbine 
Technology Program. This program was conducted by the Garrett 
Turbine Engine Company and was funded by the U.S. Army Research 
and Technology Laboratory. The program was jointly monitored by 
the U.S. Army Research and Technology Laboratory and the NASA- 
Lewis Research Center under NASA Contract No. NAS3-22004. 

The objective of the program was to evaluate the aerodynamic 
and mechanical potential of a variable-area radial turbine capable 
of maintaining a nearly constant high efficiency when operated at 
a constant spe^d and pressure ratio over a range of flows 
corresponding tu 50- to 100-percent maximum engine power. 

The program consisted of four major tasks: 

o Task I - Nozzle-area variation and rotor -cooling con- 
cepts evaluation. 

o Task II - Detailed aero/mechanical parametric studies 
based on the concepts selected in Task I to determine 
the optimum turbine geometry. Heat-transfer and stress 
analyses were conducted in sufficient depth to ensure 
meeting the 4000-hour turbine-life requirement. 

o Task III - Detailed aerodynamic designs of the vari- 
able-area stator and the selected rotor. 

o Task IV - Heat-transfer and mechanical-design analyses 
to substantiate the design. 

After completion of Task IV, a follow-on test program was defined 
which consisted of completion of the detailed design, preparation 
of fabrication drawings, actual rotor fabrication, and aerodynamic 
testing of the selected radial turbine rocor. 

In general, the results of the program showed that a 1589K 
(2400*F) cooled, variable-area radial turbine was feasible that 
would satisfy the 4000-hour duty cycle life goal. The parametric- 
study showed that although a relatively constant aerodynamic 
efficiency could be achieved at from 60- to 95-percent power, the 
predicted penalties for interturbine duct loss, cooling flows, 
stage reaction, and stator leakage resulted in severe part-power 
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performance degradation. These calculated penalties, however, 
were based on limited data, and in some instances extrapolations 
from axial turbine data. Therefore, actual part-power performance 
must be established experimentally. The final cooled rotor 
selection was based on 1988 materials technology, and features 
directionally solidified (DS) Mar-M 247 cooled laminated blades 
with 0.17-radian (10-degree) rotor inlet angle, a 0.26 radian 
(15 degrees) inlet rake angle and a powder-metal disk that allowed 
a rotor tip speed 640 m/s (2100 ft/sec) . A peak aerodynamic stage 
uncooled total efficiency of 0.88 was predicted at 100 percent 
;xwer. 


The program identified two candidate variable-area stators. 
These were designated the articulated trailing-edge and rotating- 
translating movable sidewall concepts. However, detailed aero- 
dynamic and mechanical analysis comparisons failed to identify an 
optimum configuration. To determine an optimum configuration, 
both concepts must be experimentally evaluated in the follow-on 
test program outlined in Section 9.0. 
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2.0 INTRODUCTION 
2*1 Background 

The curr^int world-wide fuel shortage has placed increased 
emphasis on minimizing future engine fuel consumption. Even with 
the development of synthetic fuels, costs are ev.ill expected to be 
relatively high when compared to pre-crisis oil costs. Under 
these conditions, complex, higher-cost engine concepts become more 
attractive if significant reductions in fuel usage can be 
achieved. Two such engine concepts are the variable-flow capacity 
engine and the recuperated-regenerated engine. 

2. 2 Program Objective 

The objective of this program was to evaluate the aerodynamic 
and mechanical potential of a high-temperature, variable-area 
radial turbine for use in a variable-flow capacity engine for 
rotorcraft application. For such applications, the gas-turbine 
engine is required to operate over a wide range of power settings. 
With conventional fixed-geometry engines, part-power operation is 
achieved by reducing engine speed (pressure ratio) and tempera- 
ture, thus reducing cycle efficiency. 

However, a variable-flow capacity turboshaft engine has the 
potential to significantly reduce specific fuel consumption (SFC) 
at cruise conditions. A combination of a variable-diffuser cen- 
trifugal compressor and a variable-stator radial turbine would 
allow reduced engine power, while maintaining nearly constant com- 
pressor pressure ratio and turbine inlet temperature. The power 
range over which this operating mode could be maintained is a 
function of both the variable-geometry components and the effect 
of variable-geometry operation on engine match and component 
efficiencies. 

2.3 Cooled Radial Rotor Technology 

Recently, tbe radial turbine has received considerable atten- 
tion for both automotive and small turboshaft and turboprop appli- 
cations. It is recognized that in smaller-flow class engines, the 
radial turbine has the ability to achieve higher efficiencies at 
higher stage work levels than its low-aspect-ratio axial turbine 
counterpart. Unfortunately, the inability to internally cool the 
radial turbine rotor has restricted its use to primarily lower 
temperature auxiliary power unit (APU) and turbocharger applica- 
tions. However, recent advances in lamination techniques have 
shown that a mechanically viable, high-temperature cooled rotor is 
now feasible. A small, high-temperature, cooled radial turbine 
rotor was designed and manufactured utilizing the Garrett laminate 
process developed under Army Contract No. DAAJ02-77-C-0032. 
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2.4 Major Program Considerations 


To realize the benefits associated with the variable-flow 
capacity engine, the variable-area radial turbine must provide a 
nearly constant efficiency from cruise through maximum power set- 
tings. For a given turbine efficiency, minimum SFC will occur at 
relatively high turbine inlet temperatures and cycl^. pressure 
ratios. Thus, high stage-work levels will be required. Given 
these considerations, the following issues were addressed in the 
program: 

o The aerodynamic performance potential of a radial 

turbine as a function of cycle pressure ratio and inlet 
temperature using projected 1988 material properties? 

o The design procedures necessary to optimize radial 

turbine performance over the entire duty cycle from 50- 
to 100-percent power; 

o The effects of turbine cooling flows, and the maximum 
allowable inlet temperature for a cooled or uncooled 
rotor configuration with a duty-cycle-life of 4000 
hours; 

o Definition of variable-geometry techniques that could 
minimize performance decrements from both a leakage and 
vane loading standpoint. 


3.0 AERODYNAMIC PERFORMANCE CORRELATIONS AND SYSTEM OPTIMIZATION 

TECHNIQUE 

3.1 Dealqn-Point Performance Evaluation 

The maximum attainable (base) efficiency for radial turbines 
is currently correlated from either a specific speed relationship, 
or from stator and rotor loss coefficients derived from experi- 
mental data. The goals of each method are to evaluate the basic 
profile and secondary flow losses occurring in the radial turbine 
for a required combination of rotational speed, flow rate, and 
work levels. Although the evaluation of individual stator and 
rotor loss levels on a more fundamental stator and rotor loss 
coefficient basis was desirable, the actual benefits associated 
with this approach have not been achieved for arbitrary designs 
due to the complex 3-dimensional flows that exist in the radial 
turbine. 

For this program, the maximum attainable efficiency of the 
radial turbine was based on the specific speed correlation 
established by NASA in TND-6605(2) and on recent Garrett turbine 
designs. The NASA correlation corrected to zero clearance is 
presented in Figure 1. The reduction in peak efficiency at low 
specific speed is associated with low-aspect ratio blading, while 
the reduction in performance at high specific speed is associated 
with high Mach number. It should be emphasized that the NASA data 
was established for relatively low pressure-ratio stages, and that 
achievement of these performance levels at higher pressure ratios 
is based on the assumption of equivalent loss coefficients. 
However, correlation with recent Garrett radial turbine designs 
has indicated that this is a good assumption, as long as stator 
and rotor exit shock losses are not present. 

Regardless of how a base efficiency is established, previous 
in-house studies have shown that the primary deterrent to achiev- 
ing peak performance is the inability to achieve optimum tip 
speed. The speed required for peak radial turbine efficiency can 
be established from the centrifugal compressor slip factor derived 
by Stanitz(3) and is a function of the overall work level, as 
shown in Figure 2. It was concluded that high-work radial tur- 
bines are generally tip-speed-limited, and peak efficiency would 
not be achieved. However, studies have ?hown(^»5) that, under 
these conditions, an optimization procedure based on a system 
analysis approach could be utilized to arrive at maximum system 
performance. The system for this program was defined as a 
variable-area stator, a radial turbine stage, and included the 
downstream Interturblne duct, as shown in Figure 3. The objective 
of the system analysis was to minimize the combined losses asso- 
ciated with nonoptimum tip speed (incidence) and interturbine duct 
loss. For an overall imposed stage work coefficient (Ag.p^Q£)f the 
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magnitude of the incidence loss is a direct function of the 
inducer-to-exducer work split selected. This relationship is 
expressed in the following manner: 






” ^STAGE 


( 1 ) 


Therefore, the imposed rotor inlet work coefficient (X4) depends 
on the selected rotor exit work coefficient XN5 as well as the 
exducer-to-inducer radius ratio /Rt 4 * This, combined with 
the continuity equation, established '^he rotor-exit swirl and Mach 
number level. 


When the incidence loss is calculated from the kinetic-energy 
difference between nonoptimum stage rotor-inlet work coefficient 
(X4 ,aCT) «nd an ideal work coefficient (^ 4 ^ IDEAL) based on the 
Stanitz slip factor, the following relationship was derived for 
the ratio of efficiency with incidence to the efficiency using 
optimum rotor-inlet conditions: 


vVv 


BASE 


where: Xstage 

M,ACT 
^4, IDEAL 


= i 

1+ -A P 

Z^TAGE \ *4, ideal j 

s Imposed stage work coefficient due to a 
specified work and allowable tip speed 

» Imposed rotor-inlet work coefficient 
2 

= 1 - ^ (slip factor with radial blades) . 


This relationship shows that there is a strong Incentive to 
reduce the rotor-inlet work coefficient (X4 ^ACt)* However, reduc- 
ing X 4 ^;^Cip by increasing Xsj^ increases the losses of the down- 
stream interstage duct. This is due to increases in rotor-exit 
kinetic energy and swirl. The variation of interstage duct loss 
(as a function of average rotor-exit swirl) is presented in 
Figure 4. The data was normalized by the minimum loss coefficient 
measured for two separate tests and shows good agreement for the 
range of exit swirl angles investigated. However, the minimum 
loss coefficient varied significantly for each duct configuration. 
This indicates that, in addition to the level of swirl, the duct 
configuration also influenced the magnitude of the duct loss. 
Inlet duct experiments made by Dovzhik et al. (^) were based on 
uniform temperature and pressure, with straight duct sidewalls. 
The Garrett Model GTP305-2(7) duct data shown in Figure 4 was 
based on actual rotor-exit conditions (inlet-duct conditions), 
using moderately curved sidewalls and radius ratios between tur- 
bines. The minimum duct-loss coefficient of 0.148 was derived 
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from the GTP305-2. However, the variable flow-capacity engine 
concept will require a variable geometry power turbine with 
conventional axial rotating vanes. Interturbine duct struts will 
be needed to support the duct hub contour. Under these condi- 
tions, the duct minimum loss coefficient will increase. Previous 
in-house experimental programs have shown that, when struts are 
required, a minimum loss coefficient of 0.200 is representative. 

When the effects of rotor-inlet incidence and interturbine 
duct loss are combined and examined over a range of rotor-inlet 
work coefficients, peak system performance is achieved for a range 
of rotor tip speeds (Figure 5). This determination was based on a 
study conducted by Garrett for TARADCOM for an Advanced Armored 
Vehicle Gas Turbine Engine (under Army Contract No. DAAK30-C- 
0093). Two turbine rotor blade configurations were studied; a 
conventional radial blade » 0 radian ( 0 degrees)], and a 
3-dimensional, nonradial rotor blade [^b ** 0.35 radian 
( 20 degrees)] at the rotor inlet. The potential benefits of both 
are shown in Figure 5. 

Another recent study (^) using 3-dimensional rotor blades was 
conducted by Garrett for 1644K (2500*F) automotive radial turbine. 
This study was based on projected ceramic material technology cer- 
amic stress capability of 621 MPa (90 ksi) and a Weibull modulus 
of 15. 


It was concluded from this study that: 

o Exceptionally high rotor-tip speeds 701 m/s (2300 ft/ 
sec) were feasible for radial-bladed rotors. 

o Nonradial rotors could achieve equivalent performance 
at lower tip speeds. However, the increased mechanical 
design complexity did not justify nonradial blades for 
this application. 

In 1978, a Garrett company- sponsored research program was 
conducted to investigate the aerodynamic and mechanical feasi- 
bility of metallic, nonradial-bladed rotors. An existing radial 
rotor was modified to a 3-dimensional design for application in an 
APU with a 1311K (1900®F) turbine-inlet temperature, a tip speed 
of 549 m/s (1800 ft/sec), and a 0.35-radian (20-degree) blade 
angle. Rig test results showed that the increased performance 
achieved was in good agreement with that predicted from a decrease 
in inducer incidence loss. However, it must be determined whether 
the favorable aerodynamic characteristics offset the mechanical- 
design complexity involved. This would depend on material 
development and application. If dual-alloy rotors with DS blades 
allowed optimum tip speed to be approached, then the increased 
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benefits and mechanical complexity of nonradial blades would not 
be warranted. However, in variable-flow capacity engine applica- 
tion, rotor-inducer loading increases with reduced power. Under 
these conditions, the added complexity of nonradial blading may be 
justified. Therefore, the effects of rotor inlet-blade angles of 
from 0 to 0.35 radian (0 to 20 degrees) were evaluated for this 
program. 

In addition to rotor incidence and duct loss, additional 
losses are incurred that must be accounted for in the parametric 
study. The correlations are described in the following para- 
graphs: 

o Reynolds Number Effect ; Based on results from NASA (8) 
<3ata. 

o Rotor Clearance Effects ; Based on correlations derived 
from several sources 10) and on Garrett test results. 
The performance penalties are a function of both axial 
(Ca) and radial (Cr) clearance. The experimental data 
front these sources is presented in Figures 6A and 6B. 
Additional rotor clearance effects are present with 
rotor scallops. The performance effects as a function 
of backface clearance recently have been evaluated for 
the Model GTP305-2 turbine (7; and are presented in 
Figure 6C. In addition, the results of a 1978 Garrett- 
sponsored radial turbine research program showed the 
effects of scallop depth on radial turbine performance. 
These data will be used to supplement the correlation 
derived from the Model GTP305-2 turbine. 

o Rotor Blade Number Effects; Based on the Models 
GTCP305-1, GTCP36-4 , and published Pratt and Whitney 
data(H). The resultant change in turbine efficiency 
represents the effect of increased blade loading as 
blade number is reduced for a given work requirement. 

o Rotor Backface Disk Friction Effects; Estimated based 
on the results of References (12# l3) . it should be 
noted that tab loss is based on a full rotor backface 
disk. The rotor scallop effect on rotor disk friction 
is currently not available. 

Experience gained from axial turbine designs has shown that 
the effects of rotor-exit hub blockage and stage reaction should 
not be ignored during the program turbine design process. At 
present, only preliminary correlations are available for these two 
effects (5). However, recent investigations conducted by 
Meitner (14) and McLallinU^) vill allow further refinement for the 
effects of reaction and blockage. 
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( 9 ) 

(A) Summary of Radial and Axial Clearance Effects on Total Stage Efficiency 
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Figure 6. Summary of Radial Turbine Rotor Clearance Effects. 
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3.2 Off-Design Performance Evaluation 

The accurate prediction of off-design performance character- 
istics of the cooled, variable-area radial turbine was a major 
aspect of this program. A design point, as such, is not meaning- 
ful from an aerodynamic standpoint, since the normal mode of oper- 
ation was between 50- and 100-percent maximum flow. The radial 
turbine off-design performance prediction technique used for the 
program was similar to that used by NASA(16), except that the 
incidence model was based on a slip factor. An intermediate loss 
coefficient was included between the stator and rotor to account 
for stator trailing-edge mixing and secondary- flow loss, in addi- 
tion to the vaneless-space loss. Radial stator flow calibrations 
indicated that the flow coefficient up to the stator throat was 
between 0.985 and 0.995. If losses higher than tills are assigned, 
then the predicted flow characteristics (as a function of speed 
and pressure ratio) would be in error. Input to the program 
consists of the optimized vector-diagram quantities. Based on 
previous test results, an initial loss split between stator and 
rotor was specified. Loss coefficients used in the off-design 
mode were then calculated. The computer program ability to accur- 
ately predict the off-design radial-turbine efficiency and flow 
characteristics is illustrated in Figures 7 and 8. The compar- 
isons shown are relative to the tested performance of the advanced 
Model GTP305-2 radial turbine(7). For the cooled, variable-area 
radial turbine, the objective is to establish a design point 
between 50- and 100-percent flow that would result in maximum 
efficiency. The off-design computer model was modified to account 
for both 3-diroensional rotor blading and downstream interturbine 
duct loss. The duct-loss correlation used in the off-design 
calculation was identical to the design-point system-optimization 
correlation. This allowed the off-design system performance to be 
evaluated in a consistent manner. The selection of several design 
points allowed optimization of system performance over the entire 
50- to 100-percent flow range. Figure 9 illustrates the extremes 
in turbine operating conditions that will exist with the variable- 
area radial turbine. 

3.3 Effects of Cooling Flow and Nozzle Leakage 

The inability to internally cool radial turbine rotors has 
been a significant deterrent to their use and to the amount of 
research devoted to this component. The advent of laminated con- 
struction, however, not only eliminated this constraint, but also 
increased radial turbine applications. Unfortunately, little data 
on the effects of rotor internal-cooling flow on the performance 
of radial turbines is available. Three cooling approaches 
appeared feasible: 
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Figure 7. Predicted and Tested Off-Design Efficiency Characteristic Coaparison. 









0—0— A GTP306-2 RADIAL STAGE TEST DATA 
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- 1.19745 


FIGURE 9. 1-Dimensional Vector Diagram Comparison (100-Percent 
and 50-Percent Inlet Corrected Flows) . 
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o The first assumes that the majority of the cooling flow 
is discharged in the rotor-shroud region. This would 
require pumping into these regions. Depending on the 
magnitude of cooling flow required, this would result in 
a performance decrement of 2 to 3 efficiency points. 

o The second approach assumes that the cooling flow is 
discharged at the same location. However, the pumping 
penalty is offset by a corresponding reduction in tip- 
clearance leakage effects. The feasibility of this 
approach was demonstrated using axial-turbine test data 
with tip-discharge cooling. 

o The third possibility assumes that the majority of the 
cooling flow could be discharged at the rotor trailing- 
edge. Under these conditions, the cooling-flow penalty 
would be in between the previous two effects due to 
replacing the lower -moment urn, trail! ng-edge wake region 
with the higher -moment urn cooling flow. 

These assumptions not onl^ result in predicted performance 
uncertainty, but also indicate the importance of a comprehensive 
test program. 

Even for uncooled rotors, a certain amount of cooling along 
the rotor backface (approximately 1.0 percent) is required to 
prevent hot gas from recirculating in this region. This effect 
was evaluated during the GTP305-2 test program. (7) The test 
results showed that the required pumping work (to the scallop 
rotor speed) was offset by expansion of the cooling flow through 
the rotor . 

The utilization of variable-area stators will also result in 
a certain amount of endwall leakage flow. At high-temperature 
levels, the minimum feasible clearance will require careful 
mechanical analysis. Previous Garrett variable-area stator radial 
turbine designs have used full-vane rotation similar to conven- 
tional axial stator designs. Test results conducted on these 
designs have shown similar leakage effects. This implies that 
sidewall clearances of from 0.0051 to 0.0127-cm (0.002- to 

O.OOS-in.) are required to achieve equivalent axial stator per- 
formance with 0.0127-cm (0.005-in.) clearance. On this basis, 
alternate variable-area concepts must be carefully evaluated 
during Task I. 
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4.0 task I - STATOR AND KOTOR CONCEPTS EVALUATION 

4 . 1 Variable-Area Radial Turbine Requireroenta 

The basic requirements and goals established for the Cooled, 
Variable-Area Radial Turbine Program were: 

o Single-stage radial turbine defined as the gas- 

generator (high-pressure) turbine in the variable-flow- 
capacity engine; 

o Turbine specific work is between 407 and 698 kJ/kg (175 
and 300 Btu/lbm) ; 

o Turbine-inlet temperature goal: 

Cooled configuration » 1644K (2500®^) 

Uncooled configuration ■ 1478K (2200 ®F) 

o Turbine mass flow is nominally 2.27 kg/s (5.0 Ib/sec) ; 

o Turbine mate'rial properties: Based on 1988 metal 

technology; 

o TurbiLa mission-cycle life goal: 4000 hours. 

o The turbine will operate at constant speed and pressure 
ratio over a range of flows from 50- to 100-percent 
maximum engine power. 

The objective of Task 1 was to define and evaluate potential 
variable-area stator and internal rotor cooling concepts. An 
engine configuration was defined, and cycle performance was 
evaluated over a range of radial turbine inlet temperatures and 
cycle pressure ratios at 100-percent power. A preliminary 
parametric study was then performed over a range of power settings 
from SO-to 100-percent power. The preliminary study allowed early 
evaluation of the variable-area radial turbine and indicated 
trends that were used as guidelines for selecting a representative 
stage configuration for the aerodynamic and mechanical concept 
evaluation. 

The var iable-tlow-capacity turboshaft engine configuration 
selected consisted of a 2-stage, variable-diffuser centrifugal 
compressor, a reverse-flow annular combustor, a single-stage vari- 
able geometry radial turbine, and a 2-stage, variable-geometry 
free-power turbine. With this configuration, the variable- 
geometry radial turbine specific work would fall between 419 and 
512 kJ/kg (180 and 220 Btu/lbm) and compressor pressure ratio 
would be between 14:1 and 20:1. 
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4.2 100-Percent Power Cycle Study 

A cycle analysis with estimates of engine/component perform- 
ance was conducted at 100-percent power for cooled rotor configur- 
ations at 1533K (2300*P), 1589K (2400®P), and 1644K {2500*P) 

rotor inlet temperatures. In addition, an uncooled configuration 
at 1478K (2200*P) was also evaluated. The following basic assump- 
tions were used for these analyses: 

o Engine mass flow 2.27 kg/s (3.0 Ibm/sec) 

o Burner efficiency « 0.995 

o Burner total pressure loss (including a 1.57-radian 
(90-degree) bend upstream of the turbine stator) » 0.04; 

o Interturbine duct total pressure loss > 0.015; 

o Two-stage, variatJ : -geometry power-turbine total-to- 

dif fuser-exit static efficiency = 0.875; 

o Gearbox efficiency » 0.98; 

o Gas-generator spool mechanical efficiency » 0.995; 

o Two-stage, variable-geometry, centrifugal compressor 

efficiency levels based on compressor design study pro- 
jections (Table I) , and 

o A range of variable-geometry radial turbine stage total- 
to-total efficiencies from 0,84 to 0.90. 

The 100-percent power parameters used for the cycle analysis 
are also listed in Table I. This table includes the two-stage 
compressor efficiency, leakage flow, and turbine cooling flows 
used to define cycle performance as a function of compressor pres- 
sure ratio. The results of the cycle analysis are presented in 
Pigures 10 through 12 for the cooled rotors, while Plgure 13 shows 
the results for the uncooled configuration. 

4.3 Preliminary Parametric S tu dy (Stator/Rotor Conce pt 

Evaluation) 

4,3,1 Design Point Study 

Using the design conditions established in the cycle ana- 
lysis, a preliminary parametric study was performed over a wide 
range of cycle pressure ratios. The objective of this study was 
to examine the relationship between turbine performance, geom- 
etry, duct loss, and rotor relative temperature over a range of 
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TABLE I. lOO-PERCENT POWER PARAMETERS 
USED FOR CYCLE ANALYSIS 



Leakage 

wV 


'^Cool i nq/'^A 



T4 = 
1478K 
[2200”F) ** 


10 0.829 

12 0.823 


0.0064 

0.0075 


0.069 


0.052 

0.058 


0.042 

0.045 


0.010 


0.010 


14 0.817 


16 0.812 


18 0.806 


0.0088 


0.010 

0.0112 


0.074 

0.079 


0.084 


0.063 

0.068 

0.072 


0.049 


0.052 


0.054 


0.010 


0.010 

0.010 


20 0.800 


0.0125 


0.087 


0.075 


0.056 


0.010 



0.795 


0.790 


0.0138 


0.0150 


0.090 


0.091 


0.0775 

0.078 


0.057 


0.057 


0.010 

0.010 


*Total-to-total efficiency levels based on compressor 
design study projections minus 1.0-point for variable 
geometry. 

♦♦Uncooled rotor; 1.0-percent cooling flow for rotor 
backface 
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HPC PRESSURE RATIO 


Figure 13. Uncooled, Variable-Area Radial Turbine Study 
T 4 ■ 1478K (2200"F) At Maximum (100-Percent) 
Power. 






cycle pressure ratios and rotor-inducer tip speeds. This study 
also provided the characteristic turbine stator and rotor geometry 
used in the detailed concepts evaluation. 

The 1644K (2500*F) cooled configuration was based on a 1- 
dimensional aerodynamic analysis and accounted for the following 
effects: 

o Required turbine operating conditions for each selected 
cycle pressure ratio; 

o A rotational speed for each cycle pressure ratio result- 
ing in a specific speed to maintain peak attainable 
efficiency* 

o Effects of rotor inlet incidence for a range of rotor- 
inducer tip speeds. 

o Reynolds number effects. 

o Rotor-clearance effects based on a shroud clearance of 

0.038 cm (C.015 in.) and a rotor backface clearance of 

0.078 cm (0.030 in.). The backf ace-clearance effects 
were updated in the model to account for backface 
scallop saddle-to-inducer tip radius ratio. This radius 
ratio was set equal to the specified exducer tip-to- 
inducer tip radius ratio. 

o Blade number effects « 14 full blades. 

o Rotor exit-hub radius * 3.9 cm (1.55 in.). This radius 

was representative of previous designs and accounted for 
a bore radius of 2.2 cm (0.85 in.) plus a 1.8-cm 

(0.7-in.) disk between the bore and rotor exit hub 

contour . 

o Rotor backface disk friction effects. 

o Rotor reaction effects. 

o System performance (stage plus ititerturblne duct) was 
evaluated as a function_of rotor exit swirl with a mini- 
mum loss coefficient («>) of 0.200; 

o Effects of rotor exit blockage will be accounted for in 
the detailed parametric study (Section 7). (Howevetr 
with the large rotor exit-hub radii required with the 
bore/ rotor-exit blockage was not a significant factor); 
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o Current state-of-the-art performance levels; 

o Radial rotor blades. 

Cycle pressure ratios of 12;1, 16:1, end 20:1 were selected 
for the preliminary parametric analysis. This pressure-ratio 
range covered the minimum turbine stage work level of 407 kJ/kg 
(175 Btu/lb) and the minimum SFC. The results of this parametric 
study are presented in terms of both system and stage results. 
System results were taken from stations 2.0 to 6.0, while the 
stage results were taken from stations 2.0 to 5.0. (Total condi- 
tions in both cases.) 

Detailed results of the parametric study are presented in 
Figures 14 through 16 for a range of specified rotor inlet work 
coefficients (A4 = Vu 4 /ut 4 )*. As expected, peak performance was 
achieved for a given cycle pressure ratio and specified tip speed. 
Figure 17 shows the results obtained when the loci of peak system 
afflciencies were plotted as a function of cycle pressure ratio. 
Although the results shown are for a turbine inlet temperature of 
1644K (2500®F) , lower temperatures results would be similar. 
Also, all results are for maximum power. Therefore, the char- 
acteristics over the duty cycle have yet to be determined. 

Rotor geometries for each cycle pressure ratio are presented 
in Figure 18 and show the effects of increased cycle pressure 
ratio on reduced rotor inlet corrected flow. The rotor flow paths 
shown are for relatively low exducer tip-to-inducer tip radius 
ratios (minimum disk designs) . Changes in rotor geometries as a 
function of radius ratio for a cycle pressure ratio of 16:1 are 
presented in Figure 19. These geometries were defined as charac- 
teristic flow paths for the cooled rotor concept evaluation. 

Figure 20 shows the effects of rotational speed on turbine 
stage efficiency, specific speed, and geometry for cycle pressure 
ratios of 16:1 and 20:1. 

The basic parametric study was performed with a specified 
stator exit angle of 1.26 radians (72.0 degrees). Rotor clear- 
ance, reaction, and stator-geometry effects "(as a function of sta- 
tor exit flow angle) are presented in Figure 21. The repre- 
sentative rotor geometry shown in Figure 19 was used to evaluate 
the stator variable-geometry concepts. 


♦Dashed lines in the figures refer to parameters on the right side 
of the plots. 
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NOTES: 


DMHEO LINES REFER TO RIGHT SIDE VARIABLES 
SOLID LINES REFER TO LEFT SIDE VARIABLES 
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Figure 14. Preliminary Parametric Study for Cooled Rotor 
Concepts, 12:1 Cycle Pressure Ratio, 

= 1644K (2500*F), N » 6178 rad/s (59,000 RPM) 
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Figure 15. Preliminary Parametric Study for Cooled Rotor 
Concepts at 16:1 Cycle Pressure Ratio, 

= 1644 (2500*F) N » 6807 rad/s (65,000 RPM) . 
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Figure 16. Preliminary Parametric Study for Cooled Rotor 

Concepts at 20:1 Cycle Pressure Ratio, T4 ■ 1644K 
(25(iO*F) , N » 7435 rad/s (71,000 RPM) . 
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Figure 17. Parametric Study for Cooled Rotor Concepts, 
1644K (2500<>F) Case. 
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POWER TURBINE INLET 
TEMPERATURE, T». K (®F) 



N = 6178 rad/f (59,000 RPM) N = 6807 rad/s (65,000 RPM) 

2^ “ 2.807 P/P)T_y 2.5 * 3.57 

VV0/5 = 0.4472 kg/s (0.986 LB/SEC) )N^QIh = 0.331 kg/s (0.729 LBS/SEC) 


AH = 384 kJ/kg (165 BTU/LB) 
>4 = 0.950 
’JTT25 = 0 9®’ 

’^REL = 1513K (22M®F) 


AH = 460 kJ/kg (198.0 BTU/LB) 
X 4 = 1.040 


0.884 


Trel = 1469K (2185°F) 


N = 7435 rad/s (71,000 RPM) 
P/'*^T-T2.5 * 

VV^/5 = 0.26 kg/s (0.575 LB/SEC) 
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Figure 19. Characteristic Rotors for Evaluation of Concepts 
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Figure 20. Effect of Rotational Speed on Turbine 

Performance and Geometry at 1644K (2500"F) 
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Figure 21. Effects of Stator Exit Angle on Stage and 

Nozzle Design at 1644K (2500*F) , 7435 rad/s 
(71,000 RPM) and at 671 m/s (2200 Ft/Sec) . 
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4.3.2 Turbine Off-Design Performance Characteristics 


The preliminary parametric study established the turbine per- 
formance, geometry, duct loss, and rotor-inlet relative- 
temperature characteristics for a range of cycle pressure ratios 
and rotor-inducer tip speeds. Since these results were for the 
maximum power point, the objective of the off-design analysis was 
to evaluate the feasibility of maintaining constant performance 
over a range of engine powers using constant speed and pressure 
ratio. In addition, the effects of tip speed and rotor exducer 
tip-to-inducer tip radius ratio were also evaluated. Figure 22 
shows the three cases selected for evaluation. The first case was 
based on the characteristic flow path with an inducer tip speed of 
640 m/s (2100 ft/sec) , a radius ratio of 0.75, and peak system 
efficiency. This condition was equivalent to an optimized design 
point at maximum power . 

The off-design study was based on aerodynamic effects alone; 
the effects of stator and rotor cooling and leakage were not 
included. However, these effects were taken into consideration in 
the detailed parametric analysis. Figure 23 presents the pre- 
dicted off-design characteristics for Case No. 1 from 50- to 
100-percent engine power. The stage efficiency and rotor inlet 
relative temperature decreased uniformly from 100- to 50-percent 
power. However, when the effects of the interturbine duct loss 
were included in the stage efficiency, the system efficiency was 
fairly uniform down to 80-percent power. Below 60-percent power, 
however, duct loss significantly reduced system efficiency. 

For the Case No. 2, the rotor radius ratio was maintained at 
0.75, but inducer-tip speed was increased to 67 m/sec (2200 
ft/sec), and rotor-exit swirl was increased from -0.31 to 
-0.53 radian (-17.8 to -30.4 degrees). Therefore, this configur- 
ation was equivalent to optimizing the design point at a lower 
engine power point. The off-design characteristics for this case 
are presented in Figure 24. Although the turbine stage efficiency 
decreased uniformly from 100- to 60-percent power, system effic- 
iency was fairly flat from 100- to 70-percent power (±1.0 point). 

For Case No. 3, the effect of rotor inducer-to-exducer tip 
radius ratio was examined in relationship to Case No. 2. Decreas- 
ing the radius ratio from 0.75 to 0.6431 produced the results 
shown in in Figure 25. For this case, a fairly uniform system 
efficiency was achieved (±1.2 points) between 60- and 90-percent 
power. A comparison of the 1-dimensional vector diagrams at 60- 
and 100-percent power is presented in Figure 26 for Case No. 3. 

The general trends resulting from the off-design analysis 

are: 
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Figure 22. Selected Maximum Power Design Points for Off-Design 
Analysis. 16:1 Cycle Pressure Ratio, T 4 » 1644K 
(2500®F) and N » 6807 rad/s (65,000 RPM) . , 
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ENGINE POWER, PERCENT 

Figure 23. 0££**Design Turbine Characteristics £or Case No 
at 1644K (2500*F), 6807 rad/s ( 65,000 RPM) , 
and 640 m/s (2100 FT/SBC). 
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Figure 24- 


Off-Design Turbine Characteristics for Case No. 2 
at 1S44K (2500®F), 6807 rad/s (65,000 RPM) end 
671 m/s (2200 Ft/Sec) . 
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Figure 25. Off-Design Turbine Characteristics for Case No. 3 
at 1644K (2bOO*F) 6807 rad/s (65,000 RPM) and 
671 m/3 (2200 Ft/Sec\ . 
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Figure 26. Case No, 3 Turbine 1-Dimensional Vector Diagrams for 60- and 
100-Percent Power at 1644K (2500®F) , 6807 rad/s (65,000 RPM) 
and R/R = 0.643. 




o Optimizing the turbine design point at maximum power 
resulted in significant performance penalties at lower 
power levels for Case No. 1. 

o All cases showed that limiting the flow reduction to 

€0 percent with a constant speed, pressure ratio, and 
temperature concept is desirable. 

o All cases snowed a reduction in rotor inlet relative 

temperature (higher inducer loading) in excess of 311K 
(lOO'F) occurred from 100- to 60-percent power at a con- 
stant turbine-inlet temperature. 

o The change in rotor exit swirl is on the order of 

1.05 radians (60 degrees) between maximum power and 
60-percent power. [For example; Case No. 3 was -0.54 to 
0.51 radian (-31.0 to -f29.0 degrees)]. 

o The change in rotor exit swirl and rotor inlet work 

coefficient is minimized between 100- and 60-percent 
power with lower radius ratio designs. 

o Rotor reaction decreases as engine power decreases (see 
Figure 25). 

o A relatively constant system efficiency (±1.1 points) 
was maintained between 60- and 97.5-percent power for 
Case No. 3. 

4.4 Stator Concepts Aero/Mechanical Evaluation 
4.4.1 Vane Profile Design for Stator Concepts 

A vane profile design for the stator concepts analysis was 
derived from the maximum-power 1-dimensional vector diagram shown 
in Figure 26 and the vane meridional flow path shown in Figure 19. 
The key stator design parameters used to optimize the vane loading 
were: 


o 

^2INLET “ 1^*50 cm (4.92 in.); 




o 

Rjexit * 9.896 cm (3.896 in.); 




o 

b » 0.798 cm (0.314 in.); 




o 

N^ » 18 vanes 




o 

Stator inlet flow angle » 0.0 

radian 

(0.0 

deg . ) ; 

o 

Stator exit flow angle ^ 1.23 

radians 

(70 

. 4 deg . ) ; 
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o stator inlet critical velocity ratio ■ 0.1424 (with 

parallel endwalls) ; 

o Stator exit critical velocity ratio > 0.907. 

The basic design procedure used for a radial stator is to 
define the profile in the axial plane (at a section corresponding 
to the nozzle trailing-edge radius) and then to transform this 
section to the radial plane. This conformal transformation 

increased the geometric throat dimension so that the radial- 
profile section surface had to be modified to reestablish the 

original throat dimension. The final af rfoil shape was then 

established by successive iterations using the transformed vane 
shape and blade-to-blade velocity distributions. The stator vane 
profile design derived for the aerodynamic and mechanical stator 
concepts is shown in Figures 27 and 28. The design objective in 
both cases was to load the stator lea<^f.ng-edge. This minimized 
the blade-to-blade pressure gradient in the trailing-edge region, 
since loading increases at reduced nozzle-area settings in this 
region. The resultant high loading at the stator leading-edge can 
then be reduced by endwall contouring. 

A screening study was then conducted to review the variable- 
area stator designs. The objectives or this study were: 

o To define variable-area nozzle methods that would allow 
arbitrary stator endwalls; 

o To eliminate the need for upstream struts for structural 
support; 

o To minimize stator leakage; and 

o To allow realistic mechanical actuation. 

For a constant section vane profile with parallel endwalls, 
the stator throat area is: 


where: 

Ny “ Number of vanes; 

0 s Throat dimension; 
b B Vane height. 

Twelve possible stator concepts were defined using the three 
variables that affected the total throat area. An aerodynamic and 
mechanical screening process then reduced this number to four. 
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4.4.2 Full-Vane Rotation Concept 


The full-vane rotation concept is considered the conventional 
approach, and has been successfully used in both axial turbines 
and compressors. For this particular application, a selected num- 
ber of vanes would remain fixed for structural support of the vane 
sidewalls as shown in Figure 29. The major advantage of this 
approach is that it provides a single-piece, easily cooled vane 
with solid, stationary sidewalls. 

The vane suction- and pressure-side surface velocity distri- 
butions for 60- and 100-percent power are also shown in Figure 29. 
While these velocity distributions do not take into account the 
effect of maintaining a portion of the vanes fixed, the extremes 
in vane-to-vane velocity variation would be expected to occur 
between 60- and 100-percent power. The aerodynamic and mechanical 
effects associated with the higher circumferential velocity 
gradients were difficult to assess. Previous experience with 
inlet scrolls has indicated that if significant turbine circum- 
ferential maldistribution is generated by the scrolls, overall 
stage performance would be decreased more than would be expected 
from scroll pressure loss alone. Mechanically, circumferential 
maldistribution could result in inducer blade vibration. 

4.4.3 Articulated Trailing-Edqe Concept 

This concept was based on rotating the vane trailing-edge 
only. This allowed the vane leading-edge section to remain fixed 
for structural support as shown in Figure 30. The vane inlet 
sidewall could then be contoured to minimize vane loading. The 
sidewall leakage should be significantly less than that of the 
full-vane rotation concept. 

Velocity distributions at 60- and 100-percent power indicate 
that the major drawback to this configuration is the high 
trailing-edge loading that results from rotating the vane to 60- 
percent power. The high static-pressure gradient in this region 
increases vane leakage unless an effective sidewall seal is pro- 
vided. Mechanically, the smaller size of the articulated 
trailing-edge could complicate routing of internal cooling airflow 
to this region. 

4.4.4 Insertable Minivane Concept 


In the insertable minivane concept stator flow area is 
reduced by inserting minivanes between fixed primary vanes. This 
results in stationary sidewalls and single-piece vanes that can be 
readily cooled. The insertable minivane concept is compatible 
with contoured sidewalls, and provides support for the sidewalls, 
and should minimize leakage flows. Two methods of insertion were 
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considered feasible. In the first method, the immersion depth of 
all minivanes would be varied in unison. In the second method, a 
selected number of minivanes would be inserted along the full vane 
width. Sequencing the number of fully immersed mtnivanes results 
in a step change in turbine flow. This concept is presented in 
Figure 31. 

The minivane design depends on maintaining a convergent pas- 
sage on either side of the minivane. This results in a rather 
large trailing-edge thickness that significantly increases vane- 
exit blockage. Mechanically, the periodic vane trailing-edge 
wakes would vary from 0.31 to 0.63 radian (18 to 36 degrees), 
which could create serious rotor blade vibration problems. In 
addition, mechanical linkage would be complicated if an incre- 

mental insertion were used. 

4.4.5 Locally Movable Sidewall Concept 

This concept reduces the stator throat area via a local 
change in stator passage width as shown in Figure 32. A passage 
constriction is readily achieved by axial translation of a portion 
of the sidewall. The most favorable vane loading — from 60- to 
100-percent power — results with this method. This design is 

compatible with contoured sidewalls and has many of the advantages 
of the inserted-minivanes concept — without the disadvantage of 
forced periodicity at the stator-exit flow. However, previous 

cold-air test data show that stator-passage width reduction 

results in relatively high dump losses due to the sudden expansion 
in passage width at the rotor inlet. 

Subsequent evaluation of this concept showed that alternate 
methods could be used to restrict the passage width and thus 
eliminate the high dump losses. Two alternate methods were 
defined; a purely rotating sidewall segment and a rotating- 

translating sidewall segment. In each method, the sudden expan- 
sion at the stator exit was replaced with a smooth ramp. However, 
both methods would require more complex actuation mechanisms. 

4.5 Stator Material Evaluation 
4.5.1 Airfoil 

The material selection for the cooled stator airfoil for the 
engine was based on the following parameters; 

o Stress-rupture capability; 

o Coated-oxidation resistance; 

o Overtemperature capability; and 

o Thermal-fatigue resistance. 
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The following material candidates were considered for the 
stator airfoils: 

o Equiaxed Mar-M 247 

o DS Mar-M 247 

o HA6000E 

O SC NASAIR 100 

4 . 5 . 1 . 1 Stress Rupture 

Stress-rupture capabilities of the candidate alloys (17 ,18) 
are shown in Figures 33 and 34. The temperatures for 1000- and 
4000-hour rupture lives at 68.948-MPa (10-ksi) stress levels are 
shown in Table II. Table II also indicates that, with the pos- 
sible exception of equiaxed Mar-M 247, all materials considered 
were viable candidates for the proposed vane application. It 
should also be noted that use of a thermal-barrier coating on the 
stationary airfoil either would result in improved durability, or 
would allow for higher gas temperatures. 


TABLE II. STRESS-RUPTURE CAPABILITIES OF 
CANDIDATE TURBINE SUPERAIiLOYS 


69.948 MPa (10 ksi) 

SC NASAIR 100 
DS Mar-M 247 
Equiaxed Mar-M 247 
MA6000E 


RUPTURE LIFE 
1000-Hr 4000-Hr 

TEMPERATURE K("F) 


1394 

1358 

(2049) 

(1985) 

1324 

1290 

(1923) 

(1862) 

1290 

1257 

(1862) 

(1803) 

1478 

1478 

(2200) 

(2200) 


4 . 5 . 1 . 2 Coated Oxidation Resistance 


The potential of oxidation resistance is a critical aspect for 
this application. Current coating systems have coating lives on 
the order of about 250 hours per 0.0254 mm (0.001 inch) of coating 


STRESS, MPa (KSI) 


(100) 689 
(90) 621 
(80) 552 

(70) 483 
(60) 414 
(50) 345 
(40) 276 

(30) 207 


(20) 138 



LARSON-MILLER PARAMETER 


Figure 33* 


Larson-Miller Parameter Showing Stress Life 
Capabilities of Candidate Superalloys. 
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thickness at 1366K (2000*F) , the projected vane hot-spot temp- 
erature. However, by 1987, it is expected that the lives of pro- 
tective coatings will be increased by a factor of four. Conse- 
quently, the life of a 0.102-mm (0. 004-in.) coating should be 
about 4000 hours. 

4. 5. 1.3 Overtemperature Capability 

The capability of the stator assembly to withstand brief 
overtemperature conditions is dependent on the incipient melting 
temperature of the superalloy. Table III indicates that incipient 
melting points of the candidate superalloys are in the range of 
1505 to 1603K (2250 to 2425*F). Thus, all alloy candidates have 
overtemperature capabilities well above the proposed design 
requirements. 


TABLE III. OVERTEMPERATURE CAPABILITIES OF 
CANDIDATE STATOR MATERIALS 


Alloy 

Incipient Melting 
Temperature, K (*F) 

Mar-M 247 

1505 (2250) 

NASAIR 100 

1603 (2425) 

MA6000E 

1569 (2305) 


4. 5. 1.4 Thermal Fatigue 

Studies of thermal-fatigue cracking of DS superalloys have 
indicated that resistance to thermal-fatigue crack initiation and 
propagation is increased as the elastic modulus is decreased . 

Elastic moduli of the '::andidate alloys are listed in 
Table IV. This table indicates that DS Mar-M 247 and SC 
NASAIR 100, with the crystallographic axis oriented parallel to 
the vane axis, are preferable from an elastic modulus standpoint. 



TABLE IV. ELASTIC MODULI (ROOM TQIPERATURE) 
OF CANDIDATE SUPERALLOYS 


Alloy 

kPa 

Modulus 

psi 


Equiaxed Mar-M 247 

212.36 

X 

10« 

(30.8 

X 

10^) 

DS Mar-M 247 (Longitudinal) 

144.79 

X 

10« 

(21.0 

X 

10®) 

SC NASAIR 100 

(Longitudinal [001]) 

144.79 

X 

10« 

(21.0 

X 

10®) 

NA6000E (Longitudinal) 

202.71 

X 


(29.4 

X 

10®) 

SC Mar-M 200 [001]* 

124.11 

X 

io‘ 

(18 

X 

10®) 

SC Mar-M 200 [110]* 

220.63 

X 

10« 

(32 

X 

10®) 

SC Mar-M 200 [111]* 

296.47 

X 

10« 

(43 

X 

10®) 


*Kear and Piearcy - Pratt & Whitney Aircraft/ 1967 


Although MA6000E has a high modulus parallel to the 
extrusion/rolling direction, it should be noted that initial 
thermal fatigue test results were comparable to DS and 
SC Mar-M 200 data(^2). Based on these results, DS Mar-M 247, 
SC NASAIR 100, and MA6000E are all considered viable candidates 
for vane application. Oxidation resistance of the coating is 
expected to be life-limiting. 

4.5.2 Sidewall 


Since the sidewall will have biaxial stresses, the preferred 
material for this application is cast equiaxed Mar-M 247. Hot- 
spot conditions of 1366K (2000*F) indicate that oxidation resis- 
tance may be life-limiting for this application. It should also 
be noted that the impingement-cooled sidewall design may be com- 
plemented with the use of a thermal-barrier coating to reduce 
metal temperature and increase component life. 

4.6 Recommended Variable Stator Concepts 


After considering all aspects of each design, the full-vane 
rotation and minivane concepts were eliminated. The articulated 
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tcailing-edge design was slightly more favored than the movable- 
sidewall design and was ultimately selected as the primary design 
candidate. However, in the March 27, 1980 Task I Review at NASA 
it was recommended that the local movable sidewall concept be 
retained for further investigation. This reccminendation led to an 
add-on contract to the detailed stator substantiation phase for 
examination as an alternate candidate. 

The fabrication method selected for the stator concepts con- 
sists of laminated vanes inserted and brazed into separate side- 
walls. Depending on future engine design analysis, the sidewalls 
could be either continuous rings or two vane segments. The lami- 
nated vanes could be constructed from either equiaxed Mar-M 247 
material or from DS Mar-M 247 (if the laminates can be oriented 
perpendicular to the flow direction to increase vane strength) . 
If high-temperature integrity beyond Mar-M 247 capabilities is 
necessary, oxide dispersion-strengthened alloys (such as DS 
nickel) are alternate candidates. The sidewalls would be cast 
from equiaxed Mar-M 247. If the final stator-design cooling 
configurations were simple, conventional vane casting could be 
used for the articulated trailing-edge vane pieces as an alternate 
to laminates. An additional option is the use of thermal-barrier 
coatings, particularly in the sidewalls (where allowances can be 
made for coating thickness) . 

The turbine stator detailed mechanical-design substantiation 
was accomplished by ensuring that acceptable temperature levels 
and gradients were achieved It should be noted that life pre- 
diction requiring 3-dimens onal stress analysis, LCF calcula- 
tions, and creep-deformation predictions were considered beyond 
the scope of the existing program. Preliminary design cooling 
configurations were established for the articulated trailing-edge 
vane, the movable sidewall vane, and the sidewalls. This included 
predicting metal temperatures and cooling flow-rate requirements 
at 60- and 100-percent engine power. All work was accomplished 
using a rotor-inlet temperature of 1644K (2500*F) , which was later 
reduced for the final design. The cooling configurations for the 
vane and band were similar to that selected for the final design, 
and are discussed in Section 6. The final design demonstrate;!; the 
feasibility of achieving satisfactory temperature distributions 
in a variable-area stator. However, cooling-flow usage at 
60-percent power was quite high in the final design. 

4.7 Turbine Rotor Materials Evaluation 

The principal requirements for the radial-turbine materials 
system are: 
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o High tensile strength in the hub; 

o Good biaxial-creep strength and thermal-fatigue 

strength in the rim; and 

o High creep strength in the inducer. 

To meet these requirements a dual-alloy rotor is recommended. 

A cooled, laminated radial turbine developed by Garrett suc- 
cessfully demonstrated the use of a laminated bonding technique. 
This technique was selected for development of the dual-alloy 
rotor blade ring. The rotor blade ring will be constructed from 
laminated Mar-M 247 sheets with DS inducer blade tips, while an 
AP 115 powder metal'23) (or similar high-tensile-strength 

material) will be used for the rotor disk. Candidate materials 
considered for the cooled rotor concept relative to an Astroloy 
baseline are shown in Figure 34. 

The viability of this dual-alloy radial turbine approach was 
demonstrated by both Garrett and another engine manufacturer 
A solid, dual-alloy (Mar-M 247/Astroloy) radial turbine rotor with 
DS blade tips is also being developed at Garrett with NAS/,'DO£ 
sponsorship under Contract No. DEN 3-167. Figure 35 shows the 
tensile properties of the dual-alloy rotor hub materials. 

4.8 Cooled Rotor Concept Aero/Mechanical Evaluation 

Selection of a rotor concept was based primarily on mechan- 
ical considerations, since the goal was to maximize allowable tip 
speed while satisfying the required duty-cycle life. In addition, 
the magnitude and location of rotor internal-cooling flows would 
be similar for either a cast or laminated cooled rotor. No unique 
aerodynamic advantage was identified from the rotor concepts eval- 
uated. 


with uncooled blading previous Garrett experience in radial- 
turbine rotor design has shown that a practical limit of about 
1422K (2100*F) exists for turbine rotor inlet temperatures. This 
limit reflected the use of materials with nsar-term applicability 
to the design. Rotor tip speeds beyond the current state-of-the- 
art, and life requirements consistent with program goals [1589 to 
1644 k (2400* to 2500*F) total inlet temperature] require substan- 
tial cooling flows and high thermal performance internal cooling 
geometry. Radial turbine configurations with no provision for 
inserted blades require either an integrally cast or laminated 
design. Prior Garrett experience with integrally cast turbines 
with cooled blading has been discouraging, due to the cooling com- 
plexity and casting yield. However, recent improvements in 
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casting technology have been promising in regards to the feasi- 
bility of such an approach. Laminated sheet technology has also 
been encouraging. Garrett, in cooperation with the U.S. Army, has 
designed a radial turbine that meets similar, but less ambitious 
goals . 

With the increase in turbine inlet temperature experienced 
with conventionally cooled radial-turbine designs, the stress- 
rupture life in the inducer portion becomes a primary design 
restriction. The ability to reduce metal temperatures below cur- 
rently attained values with added cooling flow is limited. There- 
fore, material property improvement is necessary. For a typical 
radial-turbine inducer stress. Figure 36 compares the potential 
metal-temperature increase (over an Astroloy baseline) for several 
alloys at a 4000-hour mission life. The temperature increase 
afforded by the selection of DS Mar-M 247 was deemed a realistic 
goal for the 1988 timeframe. However, both the cast or laminated 
approach would require a moderately aggressive manufacturing tech- 
nology program of approximately equivalent effort to permit pro- 
duction within that timeframe. 

An effort was made to compare the cooling-system complexity 
achieved with laminates to a cored casting. A typical laminated 
design with a high level of complexity is presented in Figure 37. 
This figure shows the USARTL turbine design previously completed 
at Garrett. Discussions were held with a casting vendor on the 
feasibility of achieving similar geometry features in a radial 
turbine by 1988. It is believed that time and expense, in con- 
junction with advanced casting technology such as the use of 
quartz-rod cores, could produce the radial design shown in 
Figure 38. The dimensions indicated are believed feasible, and 
would be also technically acceptable for a high-thermal- 
performance design. It is believed that there would be no dis- 
cernible difference between the cooling effectiveness achievable 
with the laminated approach using current techniques and the cast 
blade ring yet to be developed. However, both approaches will 
necessitate improvements in material technology to reach the pro- 
gram total inlet temperature goals. 

One possible method to produce laminates with the high rup- 
ture strength of a DS Mar-M 247 casting is to simply slice sheets 
from a bar of material with directional grains in the outermost 
region. This would provide tensile and fatigue properties in the 
disk bore region equivalent to those of an equiaxed casting. It 
is proposed that both these approaches (laminated and cored cast- 
j.ng) be used to produce a rotor blade ring of material containing 
cooling passages. Two potential candidates for the powder-metal 
hub design are powdered Astroloy and AF 115. The powder metal hub 


POTENTIAL INCREASE IN ALLOWABLE ROTOR METAL 
TEMPERATURE RELATIVE TO BASELINE, K (°F) 



ADVANCED ALLOY 






NOTES ; 

APPROXIMATE SCALE = 2X 

PASSAGE THICKNESS =. 0.064 - 0.076 CM (0.02b - 0.030 IN.) 

HOLE SIZES . 

1 DUST HOLES =>- 0.038 - 0.051 CM (0.015 - 0.020 IN.) DIA. 

2 DUST HOLES ^ 0.076 (0.030 IN.) DiA. 

3 LEADING-EDGE DISCHARGE « 0.064 - 0.076 CM (0.025 - 0.030 IN.) DIA. 

4 IMPINGEMENTS HOLES 0.038 - 0.051 CM (0.015 - 0.020 IN.) DIA. 

5 INDUCER DISCHARGE SLOT 0.076 x 0.254 CM (0.030 x 0.100 IN.) 

6 TIP DISCHARGE « 9.076 x 0.406 CM (0.030 x 0.1G0 IN.) SLOT 

7 TIP DISCHARGE =» 0.076 x 0.102 CM (0.030 x 0.040 IN.) SLOTS 

8 CORE SUPPORT SLOT = VARIABLE WIDTH 
PIN FINS : 

« 0.063 CM (0.025 IN.) DIA; MINIMUM SPACING « 0.152 CM (0.060 IN.) 
Figure 38. Preliminary Cooled Radial Rotor Design. 
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would then be bonded to the blade ring using a hot-isostatic- 
pressing (HIP) process. A powder-metal hub with uniformly fine- 
grain structure would produce higher burst-margin capabilities and 
fatigue strength in high-stress regions. 

4.9 Recommended Cooled Rotor Concept 

The recommended cooled rotor concept is a dual-alloy lami- 
nated rotor. The rotor blade ring will be constructed from lami- 
nated Mar-M 247 sheets with OS inducer blade tips. An AF 115 
powder metal (or other similar high-tensile-strength material) 
would be utilized for the rotor disk. Comparison between lami- 
nated and advanced cast DS Mar-M 247 blade rings showed approxi- 
mately equal cooling-flow capabilities, development cost, and 
risk. Therefore, a clear choice between these two methods is not 
possible at this time. The laminated method was selected on the 
basis of cost effectiveness for the follow-cn rotor test program. 

The potential rotor-inlet temperature achievable using DS 
Mar-M 247 DS blades was evaluated using the internal cooling-flow 
geometry from the existing USARTL laminated rotor and the mission 
life defined for the cooled variable-area radial turbine. Table V 
shows that mission life decreases rapidly between 1533 to 1644K 
(2300 to 2500®F) rotor-inlet temperatures. On the basis of pos- 
sible improvements to the USARTL inducer cooling-flow scheme 
(e.g., film cooling in the critical region), a maximum rotor-inlet 
temperature of 1589K (2400®F) is recommended to achieve the 
4000-hour mission life goal. The recommended cooled rotor concept 
is presented in Figure 39. 
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TABU! V. EVALOATIOH OP COOLED ROTOR LIFE AS A POWCTION OF 

ROTOR-IRLET TBHPERATORE, DUTY CYCLE, ARD TIP SPEED. 




^4 

K 

«t4 

■/■ 

ft/ 

100-Percent- 
Power Life 

Mlaaion Life 

Ratio of 
Hiaalon Life/ 

Configuration 

Heterlal 

CP) 

sec 

(hra) 

(hra) 

Baaellne Life 

Baaellne< OSARTL Cooled 
Laalnated Radial Turbine 

Aatroloy 

1533 

(2300) 

573 

(1880) 

1691 

8455 

1.0 

USARTL 

DS Mar-M 247 

1533 

(2300) 

573 

(1880) 

29,240 

146,000 

17.0 

Variable-Area Radial 
Turbine 


1533 

(2300) 

573 

(1880) 

4470 

16,300 

2.0 

Variable-Area Radial 
Turbine 


1533 

(2300) 

640 

(2100) 

1360 

4910 

0.6 

Variable-Area Radial 
Turbine 


1588* 

(2400) 

640 

(2100) 

315 

1130 

0.13 

Variable-Area Radial 
Turbine 


1C44 

(2500) 

640 

(2100) 

80 

290 

0.03 

o Por conatant life, 

D8 Kar-N 247 * 

T 

netal Aatroloy 

+ 63. 8K (115*P) 

• 



o Por 16tl CoolaS, Variable-Area Radial Turbine, life at 100-percent power • 0.28 a ■Isslon life 


• Sucoeaiended RaKlaua rotor-inlet teaperature for cooled rotor 







5.0 TASK II - DETAILED PARAMETRIC STUDY 

5.1 Selected Speed and Cycle Conditions 

The objective of the detailed parametric study was the selec- 
tion of the turbine stage configuration for the detailed design. 
The study consisted of examination of the effects of stage cooling 
flows, stator leakage, and rotor /exducer blockage on stage 
efficiency from 60- to 100-percent power for both cooled and 
uncooled turbine configurations. 

The results of the Garrett Small Axial/Centrifugal Compressor 
Design Study (conducted for the NASA-Lewis Research Center under 
Contract No. NAS3-21621) were used to evaluate turbine/compressor 
rotational speed compatibility. For a 2.27 kg/s (5 Ib/sec) , 
2-stage centrifugal compressor, the selected pressure ratio in the 
compressor study was 17:1 with a rotational speed of 5601 rad/s 
(53,486 rpn) . The rotational speed selected for the turbine pre- 
liminary parametric study was 6964 rad/s (66,500 rpm) with a pres- 
sure ratio of 17:1. This speed was selected on the basis of a 
minimuin specific speed of 0.468 (60.0) to maintain peak attainable 
efficiency. However, examination of the 17:1, two-stage, 
centrifugal-compressor efficiency characteristics showed a rapid 
decrease in performance as speed increased. It was determined 
that turbine specific speeds below 0.468 (60.0) were required to 
achieve optimum turbine/compressor rotational speed. The compres- 
sor and turbine efficiency characteristics as a funct'on of rota- 
tional speed are presented in Figure 40. As shown in Figure 41, 
the efficiency product is relatively flat between >550 rad/s 
(53,000 rpm) and 5969 rad/s (57,000 rpm), as shown in Figure 41. 
Therefore, a design rotational speed of 5969 rad/s (57,000 rpm) 
was selected for the detailed parametric study. This result, in 
conjunction with the preliminary parametric study and the stator 
and rotor concepts evaluation, resulted in the following cycle and 
turbine conditions for the detailed parametric study: 

o Cycle pressure ratio: 17:1; 

o Rotational speed: 5969 rad/s (57,000 rpm). (Although 

peak compressor/turbine efficiency occurred at 5760 
rad/s (55,000 rpm), increasing the rotational speed to 
5969 rad/s (57,000 r£xn) had relatively little effect on 
efficiency; 

o Rotor inducer tip speed: 640 m/s (2100 f t/sec) ; 

o Maximum rotor- inlet temperature; 

Cooled rotor = 1589K (2400**F) ; 

Uncooled rotor = 1478K (2200 ^F); 
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Figure 41. Compressor Turbine Efficiency 
Product Characteristics. 
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o Variable-area stator: Articulated trailing-edge and 

locally movable sidewall configurations; 

o Cooled rotor: Leuninated dual-alloy configuration; 

o Uncooled rotor: Dual-alloy configuration. 

5.2 Effects of Stage Cooling Flows 

A detailed schematic of the stage cooling flow circuits for 
the cooled variable-area radial turbine is presented in Figure 42. 
Since the effects of internal rotor -cooling flow on stage perform- 
ance were not available, the cooling-flow model relied heavily on 
the results available from existing axial turbine concepts and 
from correlation with the tested effects of external radial rotor- 
cooling flow results. The situation with the stator was similar, 
except test results for trailing-edge discharge flow were avail- 
able from the Model GT601 radial gas generator turbine. 


At Garrett, the accounting procedure for cooling flows is to 
assume all stator primary and cooling flows are available to do 
work in the rotor, and the available rotor-inlet temperature is 
based on a primary and cooling-flow mixed value. Therefore, the 
1589K (2400**F) inlet temperature established for the cooled, 
variable-area radial turbine is defined as a rotor inlet absolute 
mixed temperature (T4^Mix)» Conversely, rotor -cooling flow is 
assumed to do no work in the turbine and thus bypasses that stage. 
However, the rotor -cooling flow is available to do work in down- 
stream stages. Thus, the cooled turbine efficiency defined in 
this manner is a hybrid between truly primary and thermodynamic 
efficiency. That is, the available energy of the stator cooling 
flow is accounted for in the isentropic expansion, but the rotor- 
cooling flow work is added or subtracted from the actual work of 
the rotor-inlet flow. On this basis, the expression for the 
cooled turbine efficiency becomes: 
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ARTICULATED TRAILING' 



Figure 42. Turbine Cooling Flow Model for the Detailed Paranetric Study 



SHjWJj - WbFs''"bFS * **RS''SS * '*RBf''“rBF 
♦ «Rb'‘*RB * «Rl''®RI 

A cooling-flow model was then established based on the following 
component evaluation: 

o Wu vw - Vane sidewall impingement and film-cooling flow 
was estimated at 2e5 percent for 

4.1 percent for 60-percent power. Although in-house 
test results from radial nozzle inlet veil cooling i^°i“ 
cated no penalty, the location of the sidewall 
cooling discharge holes indicated the effect would be 
similar to vane leading-edge film-cooling flow. NASA 
test results indicated that film-cooling in the vane 
leading-edge region can be as high as 80-percent effec- 
tive relative to the ideal kinetic energy at the vane 
exit. Therefore, vane sidewall-cooling flow was con- 
sidered 80-percent effective. 

o Wv Wv PS “ Vane suction-side and pressure-side 

surf Ice discharge cooling flows were considered to be 
80-percent effective. (This was based on the discussion 
in the preceding paragraph.) The total cooling flow was 
estimated at 3.9 percent at 100-percent power, and 

5.1 percent at 60-percent power. 

o Wv TE “ Vane tralling-edge cooling flow was considered 
106-percent effective (based on in-house test results) . 

o WbfSf Wrs - Rotor backface seal and shroud cooling flows 
enter the mainstream flow in the region of the rotor 
inducer, and are, on the average, 55-porcent «ff^«ctive. 
The estimated cooling flow is 0.60 percent for the rotor 
backface seal, and 1.0 percent for the rotor shroud. 
Since a preliminary heat-transfer analysis was not per- 
formed for these regions, the estimated rates were 
assumed valid for all power settings. 

o Wrbf “ Rotor backface cooling flow prevents hot gas from 
recirculating on the back side of the rotor disk and 
enters the mainstream flow in the scallop saddle region. 
The detailed analysis of the Army laminated rotor showed 
that 0.6-percent cooling flow was f*^^^*^*** 
region. Test results conducted on the Model GT. 305-2 
radial rotor (7) indicated that, without preswirl, the 
pumping work required to achieve the scallop-saddle 
rotor speed was offset by the cooling flow expanding 
through the remaining portion of the rotor flow path. 
Since the cycle had bypassed this cooling flow and the 
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pumping penalty was offset, no additional penalties were 
incurred. 

Wri ind " Without preswirl, the rotor cooling flow in 
the^ inducer region is pumped to inducer tip speed. 
Except for location, this is also true for both the 
rotor backface flow (which must be pumped to scallop 
wheel speed) and rotor shroud and backface seal cooling 
flow (which enters the rotor in the inducer region). 
However, in terms of mainstream flow disturbance, the 
rotor inducer cooling flow was considered similar to the 
cooling flow entering the scallop region. Therefore, 
the rotor inducer cooling-flow pumping penalty was con- 
sidered offset by expansion of the cooling flow through 
the rotor after discharging in the inducer region. Fur- 
thermore, since the cycle already bypassed this flow, no 
additional penalty was incurred. 

Wri ext - Rotor internal cooling discharged into the 
exducer tip region - Based on axial turbine test results 
with tip discharge, the pumping penalty was again offset 
by a reduction in exducer clearance penalty. 

Wrb “ Rotor bore cooling flow - Analysis of the Army 
cooled laminated rotor showed that a 0.30-percent 
cooling flow was required in this region. In addition 
to bypassing the rotor, a pumping penalty based on the 
rotor exit hub radius was applied to this cooling flow. 


From the preceding considerations, the 100-percent power 
cooled turbine efficiency is expressed as: 


AH 
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Using Garrett test data and the difference between the rotor- 
cooling flow assumed by the cycle and the estimated rotor-cooling 
flow, the penalty for rotor-shroud and backf ace-seal cooling flow 
was estimated at 0.6-percent efficiency. The final expression for 
the cooled turbine efficiency is; 
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In the total penalty for all coolin9 flows was on the 
order of 2. 0-points efficiency at 100-percent power. Coolin9 
flovfs were then assumed to vary linearly to 50-percent power, and 
the cooled efficiency was varied accordingly. 

5.3 Effects of Stator Leakage 


Two str.':or sidewall leaka9e models were derived for the arti- 
culated trailin9-ed9e conf i9uration. Both models were based on 
the current Garrett model for axial nozzle leaka9e with full vane 
rotation. This was modified to account for leaka9e in the 
trailin9~ed9e re9ion alone. The axial turbine model related the 
performance decrement by a ratio of clearance area to nozzle 
throat area in the followin9 manner: 


, ^Leakag e 

’J A 

'^Throat 


K 


The constant, K, was evaluated from test results. Applyin9 
the model to the full-vane rotation concept resulted in the 
characteristics shown in Figure 43, and illustrates why this 
concept was eliminated from consideration. For the articulated 
trailing-edge concept, no leakage occurred until the pivot point 
was reached (slightly downstream of the nozzle suction-surface 
throat point) . The leakage area was no longer based on the 
annular leakage area at the vane trailing-edge, but was reduced by 
cos «pivpt* the tangential momentum generated up to the 
nozzle pivot point is assumed lost, the expression for the leakage 
model becomes (Model No. 1) ; 


\/v 
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!!!3i;L‘!Eivot 

2itR^ Cos . 



V^/V = 1 - “pivot • 2 C 
Cos . b^ 


(5) 


where: 

“pivot Average stator angle at articulated pivot point 
= Stator-exit angle 

NOTE: and are shown in Figure 78, Section 6.3. 

Assuming “pivot equal to 1.13 radians (65 degrees) and 
is equal to 1.22 radians (70-degrees) leakage. Model No. 1 char- 
acteristics are as shown in Figure 43. These results show signi- 
ficant performance decrements — even with only 0.03-radian 


75 


LEAKAGE PENALTY, 



0 (0.002) (0.004) (0.006) (0.008) (0.010) (0.012) (0.014) 

STATOR SIDEWALL CLEARANCE, C|^ (ONE SIDE) mm (IN.) 


Figure 43. Articulated Trailing-Edge Nozzle, Sidewall Clearance Loss Nodels. 
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(5~degreea) downstream turning. l£ the tangential momentum is 
recovered, the performance decrement can then be approximated with 
the following expression (Model No. 2) i 


« 1 


^pivot 

Cos ttj ‘bj Sin ct~ * b^ 


( 6 ) 


Stator sidewall leakage effects are presented in Figure 43, 
and are based on the pivot and exit angles assumed for Model 
No. 1. If a 0.0I3-cm (0.005-in.) sidewall clearance is selected 
for the maximum power point, the effect of stator leakage at part- 
power is as illustrated in Figure 44. With the sidewall clearance 
held constant, the reduction in performance at lower power levels 
is due to the increase in with a fixed 

This effect can be minimized with a stator designed for 
80-percent power. The articulated trailing-edge would then be 
required to actuate in both an open and closed mode, but the total 
excursion in each direction would be reduced by 50 percent. This 
approach was examined in the detailed design phase. 

5 . 4 Cooled Rotor Aerodynamic Analysis 

The performance model used for the detailed parametric study 
was updated to calculate the radial variation of flow properties 
inside the trailing-edge plane for a given minimum blade tip 
thickness, maximum allowable blade stress, and specified rotor 
exit mean work coefficient. This was achieved by solving the non- 
isentropic radial equilibrium equation for the specified rotor 
exit hub and shroud radii. The primary results of the solution 
included the rotor exit blockage, relative total pressure loss due 
to the blockage, and radial relative velocity distribution. 

The maximum power results for the cooled 1S89K (2400 *F) rotor 
configuration are presented in Figures 45 through 47 for rotor 
inlet-blade angles of 0, 0.17, and 0.35 radian (0, 10, and 

20 degrees), and a radius ratio of 0.65. The following parameters 
were held constant during the analysis: 

o Stator exit angle: «3 ■ 1.31 radians (75.0 degrees) 

specified at the rotor-inlet station - A higher stator 
exit angle (compared to the preliminary study) was 
required to achieve reasonable rotor inlet blade heights 
with the lower shaft speed of 5969 rad/s (57,000 rpm) . 
However, the stator vane loading and ti aili’'ig-edge 
blockage were maintained at constant values by adjusting 
the vane number and radii chord; 

o Rotor blade number : 14 ; 
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Figure 44 


Effect of Stator Leakage on 
Off-Design Performance. 



TOTAL-TO-TO TAL SYSTEM TOTAL-TO-TOTAL STAGE 

EFFICIENCY, EFFiaENCY. t)T-T)2-5 



T4 » 1589K (2400°F) 

N » 5969 ndlt (57,000 RPM) 


U- - 640 m/i (2100 FT/SEC) 

Nb • 14 

R/R « 0.65 

Ae • 77.4 cm2 (,2.0 IN?) 


Figure 45. 


Detailed Parametric Study, 
Maximuni Power Condition* 


0 Radian (0*), 
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TOTAL-TO-TOTAL SYSTEM TOTAL-TO-TOTAL STAGE 



• T 4 - 1&89K (2400®F) 

• N - 5809 rad/t (57,000 RPM) 

• - 640 m/k (2100 FT/SEC) 

• Nq >14 

• R/R - a06 

• A 5 - 77.4 cm2 (| 2 ,q „g2j 

Figure 46. Detailed Parametric Study, 6g ■ 0.17 radian 
(10*), Maximum Power Condition. 


80 


TOTAL-TO-TOTAL SYSTEM TOTAL-TO-TOTAL STAGE 

EFFICIENCY. EFFICIENCY, »It-T)2-6 



Pigute 47. Detailed Parametric Study, 
^ ■ 0.35 radian (20 ) 

Maximum Power Condition. 
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2 2 

o Rotor-exit area: 77.4 cm (12.0 ioT) - For lower radius 
ratios, this value resulted in higher performance levels 
when compared to larger rotor-exit areas; 

o Rotor exducer tip- to- inducer tip radius ratio: 0.65 - 
The effect of this radius ratio was examined in details 
during the off-design study. 

The results shown in Figures 45 through 47 were similar to 
the preliminary parametric analysis results, except that the 
effects of stage-cooling flows and stator leakage significantly 
deteriorated stage and system performance. At the maximum power 
point, increasing the rotor-inlet blade angle from 0 to 
0.35 radian (0 to 20 degrees) increased overall efficiency by 
approximately 0.9 point. Thus, 3-dimensional rotor blading alone 
could not recover the performance decrements incurred with cooling 
and leakage. However, 3-dimensional rotor blading, in conjunction 
with a judicious radius-ratio selection, resulted in optimum over- 
all duty-cycle performance. 

As shown previously, selecting the rotor-inlet work coeffi- 
cient at peak system performance over-penalized the performance at 
lower power settings. Therefore, the selected design-point inlet 
work coefficients were based on a design point corresponding to 
approximately -0.52 radian (-30.0 degrees) exit swirl angle. 
Under these conditions, the rotor inlet work coefficient was 1.0 
for radius ratios of 0.65 and 0.70 compared to ^ .04 for a radius 
ratio of 0.60. The rotor flow-path geometry for the three rotor 
radius ratios are presented in Figure 48. 

The results of the off-design study are presented in Fig- 
ures 49 through 53 for 50- to 100-percent power based on the fol- 
lowing effects: 

o System efficiency; 

o Rotor inlet relative temperature; 

o Interstage duct total pressure loss; 

o Stage reaction; 

o Rotor exit absolute swirl angle; 

o Rotor exit absolute critical velocity ratic; 

o Rotor reaction effects; 

o Reynolds number effects; 

o Cooling flow effects; 

o Leakage flow effects. 

In general, the results show that below 60-percent power, 
performance deteriorates rapidly. Therefore, limiting the vari- 
able geometry to 60-percent flow is recwaended. These figures 
also show that overall performance between 60- and 100-percent 
power is maximized by increasing the duct loss at high power 
(where the incidence effects are low) , and minimizes duct loss at 
60 percent (where incidence loss is relatively high). This 
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Figure 50. 


Off-Design Turbine Characteristics with 
^4 » 1.0, 1589K (2400T), 5969 rad/s 
(57,000 RPM) , ami <;:40 «/s (2100 Pt/Sec) - 
r/R * 0.65, ^ ^ (0*). 
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Figure 51. 


Off-Design Turbine Characteristics with x. ■ 1.0, 
1589K (2400*F), 5969 rad/s (57,000 RPM) , Ind 
640 nv's (2100 Ft/Sec) , R/R = 0.65, (3 > 0.17 rad 

(lO** ). ® 
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Figure 53. 


Off-Design Turbine Characteristics with 
1589K (2400T), 5989 rad/s <57.000 RPM) 
640 ro/s (2100 Ft/Sec). R/R - 0.70, /3g 


1 . 0 , 
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r«8ults in a relatively flat performance characteristic 
(especially with the higher rotor inlet blade angles) , except for 
a rapid decrease in rotor reaction at lower power levels. 


5,5 Uncooled Rotor Aerodynamic Evaluation 

A detailed parametric study and «nalysl8 was con- 

ducted for an uncooled/rotor configuration at 1478K (2200 F) . The 
results are presented in Figures 54 and 55, 

same tip speed and rotational speed used for the 1589K (240° F) 
cooled rotor. The selected rotor flow path is presented in Fig- 
ure 56. The performance characteristics shown in Figure 55 are 
similar to the 1589K (2400 *F) case. Note that cool ing-f low 
ties were not evaluated because early mechanical analyses indi- 
cated that extremely high blade-thickness taper ratios would be 
required in the Inducer region to meet the 4000-hour mission life. 
These ratios would severely limit the rotor-burst margin. 
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’T-T)2.g "T-TIz-S 



0.9 1.0 1.1 1.20 


KOTOR INLET WORK COEFFICIENT, X4 


Figure 54* Detailed Parametric Study for Uncooled Rotor with 

14 Blades at Maximum Power, 5%9 rad/s (57,000 RPM), 
1478K (2200 F), and 640 nv^s (2100 Ft/Sec)« 
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Figure 55. Off-Design Analysis for Uncooled Rotor at 1478K 

(2200 F),/3b» 0.17 rad (0 )>4» 0.975, R/R - 0.65, i 
640 ra/s (2100 Ft/Sec), and 5969 rad/s (57,000 RPM) . 


ROTOR INLET RELATIVE TEMPERATURE. ROTOR EXIT ABSOLUTE SWIRL 
TrEL' ANGLE. <>e)(IT' (DEG.) 







5.6 Uncooled Rotor Mechanical Analysis 


A mechanical feasibility evaluation of the uncooled rotor 
design was conducted with the following analyses: 

o A 2-dimensional thermal analysis; 

o A 1-dimensional stress-rupture analysis; 

o A 2-dimensional finite-element stress analysis. 

The 2-dimensional thermal analysis computed the temperature 
distribution in the blade based on a rotor-inlet temperature of 
1478K (2200“F). For the stress-rupture analysis, a temperature 
distribution and duty cycle life requirement of 4000 hours were 
used to calculate the taper ratio for the blade. Figures 57 and 
58 show the temperature and thickness distributions resulting from 
these analyses. Based on this taper ratio, a 2-dimensional 
finite-element model was established. A rotor flow path was based 
on the detailed parameter and off-design analysis (Figure 56) . 
Figure 59 illustrates the 2-dimensional finite-element model for 
the uncooled rotor. 

This rotor configuration was based on the dual-alloy 
approach, using a DS Mar-M 247 blade ring, with a powder-metal 
Astroloy hub. Table VI summarizes the stress levels and burst 
margins that occurred in the mechanical analysis for the disk at 
different conditions. The inadequate burst margin that resulted 
was sufficient justification for eliminating the uncooled rotor 
from consideration. Acceptable burst margin levels (125 percent) 
could be achieved only by reducing the inlet temperature below 
1478K (2200®F) and by further reducing the blade thickness. 

5.7 Cooled Rotor Mechanical Analysis 

5.7.1 Influence of Radius Ratio on Rotor Stresses 


During the preliminary design definition, aerodynamic and 
mechanical parametric studies were conducted concurrently to opti- 
mize flow-pat '1 geometry. Since the decision to proceed with a 
cooled rotor concept had not yet been made, the initial effort was 
conducted using uncooled hub geometries and solid blades. In 
addition, the basic influences of flow-path size on blade and hub 
stresses were similar for both cooled and uncooled turbines. 

An initial 2-dimensional stress analysis was performed on the 
two rotors from the preliminary parametric study. The rotors 
represent two different flow paths that were primarily defined by 
the radius ratio difference from inducer tip-to-exducer tip at the 
same cycle conditions. The basic assumptions used for this study 
were: 
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cm X 10 3 (IN. X 10 3) 


Figure 58. 


Nornial Thickness Distribution, Uncooled Rotor 






Figure 59. Uncooled 1478K (2200*F) Rotor. 

2-Dimenslonal Finite-El«nent Model. 
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TABLE VI . MECHANICAL 


♦Blades 

No Blade 
294K (70*F) 

10 Blades 
294K (70*F) 

14 Blades 
294K (70*F) 

14 Blades 
Max. power 


nax 

MPa (RSI) 

921.1 

(133.6) 

1190.0 

(172.6) 

1303.1 

(189.0) 

1385.8 

( 201 . 0 ) 


max. 

(Bond Line) 
MPa (KSI) 

196.5 

(28.5) 

361.3 

(52.4) 

424.0 

(61.5) 

425.4 
(61.7) 


The property at average temperature 


OF UNCOOLED ROTOR DISK 


Burst Astroloy 
avg. Margin -3 UTS 

MPa (RSI) Ratio MPa (RSI) 


558.5 


1247.61 

( 81.0) 

1.38 

(180.95) 

748.1 


1247.61 

(108.5) 

1.19 

(180.95) 

823.9 


1247.61 

(119.5) 

1.13 

(180.95) 

822.5 


869.43* 

(119.3) 

0.95 

(126.1*) 












o Uniform temperature 

o Rotational speed ■ 6807 rad/s (65,000 rpm) ; 

o Inducer tip speed « 640 m/s (2100 ft/sec ) t 
o Monoform rotor ; 

o Material density » 7.916 X 10**^ kg/cm^ (0.286 lb/in.^)j 
o 14 blades; 

o Bore diameter « 4.32 cm (1.70 in.); 

The distribution of disk tangential stress for the two con- 
figurations is presented in Figure 60. The peak effective stress 
was 981.1 MPa (142.3 ksi) for the low-radius ratio rotor and 
1163.8 MPa (168.6 ksi) for the high-radius ratio rotor. The 
results shown in these f igu: es are for cold rotation only; if 
thermal gradients were impos d, the bore stresses would increase 
significantly. Experience w)*,h earlier radial turbine designs has 
indicated that the high-radius ratio design could be adversely 
affected by these gradients. For the purpose of this analysis, a 
typical thickness distribution as a function of radius was 
selected for the blade and was used for both turbine geometries. 
This thickness distribution is shown in Figure 61 using the low- 
radius-ratio design. The absolute suitability of this distribu- 
tion for this case was not critical, since a separate analysis 
indicated that only 6.0 percent of the peak bore stress was attri- 
butable to the loading by the 14 blades. 

By comparing these two configurations, it is apparent that 
the smaller radius ratio reduced rotor-hub stresses despite the 
presence of larger airfoils. The axisymmetric hub material near 
the flow path contributed more toward peak bore-stress magnitude 
than did the blades. 

5.7.2 Incorporation of Cooled, Dual-Alloy Configuration 

An extensive study of the effects of incorporating blade 
cooling-supply passages in the turbine rotor hub was conducted. 
This study analyzed the effects of using a dual-alloy rotor con- 
figuration. As discusses earlier, the duaJ-alloy, powder-metal 
hub possessed a higher tensile strength and low-cycle-fatigue 
(LCF) capability than the conventionally cast material. This was 
an important factor in attaining the ambitious performance goals 
of the program. 
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* 640 m/t <2100 FT/SEC) 
*4 


R/R - 0.750 


MPa X 10'^ (KSI) 


HIGHER RADIUS RATIO 
ROTOR. R/R - 0.75 


R/R ' 0.670 



LOWER RADIUS RATIO 
ROTOR. R/R - 0.67 


Figure 60. Effect of Rotor Flow Path on Tangential Disk Stress 
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Figure 61 . Thickness Distribution for 0.67-Rsdius-Rstlo 
Configuration. 
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A preliminary radius-ratio analysis indicated the advantages 
of a lower radius ratio. Hence, a 0.65-radius-ratio value was 
ultimately selected as a baseline for the study. Several model 
variations were produced during this study; all were for a single 
flow path, with the following parameters assumed: 

o Exducer tip-to- inducer tip radius ratio = 0.65; 

o Inducer tip radius - 10.723 cm (4.222 in.); 

o N = 5969 rad/s (57,000 rpm) ; 

o Tip speed = 640 m/s (2100 ft/ sec) ; 

o Radial blading; 

o = 1589K (2400“F); 

o Coolant inlet temperature = 717. 8K (832. 3®F). 

The blade thickness was determined by a blade metal temper- 
ature field based on anticipated cooling performance, boundary 
conditions, and previous Garrett design experience. The total 
blade thickness distribution for adequate stress rupture life was 
then computed assuming minimum material properties similar to 
those of DS Mar-M 247. After the blade thickness distribution was 
established (Figure 62) , a series of models were studied to deter- 
mine the effects of using a dual-alloy rotor disk and the addition 
of cooling supply passages. 

The geometry selected had no rotor-backf ace web between 
blades and no T-section, since it was determined that the web 
could not be adequately cooled in the predicted environment. 
Optimization of the disk contour and scallop region geonetry was 
performed on the baseline geometry using previous radial turbine 
design experience. 

The baseline model. A, is shown in Figure 63. This model was 
a single-alloy rotor using DS Mar-M 247 cast material for the 
inducer. Even at room temperature, this rotor had inadequate hub 
strength, but was included for comparison with the dual-alloy 
models. 

The dual-alloy models used Mar-M 247 blade section material. 
Low-carbon, powder-metal Astroloy "C" properties were used for the 
disk. This latter material exhibits high strengths and ductility 
at tue temperature levels encountered in the cooled rotor hub. 
Other suitable powder-metal alloys included AF2-1DA and a rela- 
tively new material, Ai’115. It higher tensile strength or fatigue 
properties are achieved with these alloys, they could easily be 
substituted in the design. 




Figure 62. 


Normal Blade Wall Thickness, Dual-Alloy 
Geometry Study. 
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Initially, a dual-alloy bondline was placed in a position 
that allowed easy insertion of a large cooling -supply passage in 
the outer material region. The solid rotor version, Bl, is 
included in Figure 64 to illustrate the gains achieved over the 
single-alloy, solid rotor configuration. Astroloy showed a lower 
density than Mar-M 247, and thus lowered the average tangential 
and peak effective stress in the disk. The average ultimate 
strength was considerably increased over the single-alloy rotor 
configuration. This resulted in a higher burst ratio and fatigue 
life for the dual-alloy rotor. Model B2 (Figure 64) shows the 
effects of adding a cooling passage. 

It was determined that internal cooling passages were needed 
in the final rotor design and that the rotor must be capable of 
withstanding both steady-state and transient-temperature condi- 
tions. Model B3 (Figure 65) shows atemperature field imposed on 
the rotor. This temperature field was derived from cooling 
requirement predictions for overall design life and from previous 
experience with cooled radial turbines. Both of these changes 
decreased the mechanical feasibility of this particular rotor. 
Table VII shows that with a temperature field, the burst margin 
tor Model B3 was only 13 percent. This number was derived from a 
modified burst criteria that emphasized the load bearing capa- 
bility of the inner material of a dual-alloy rotor. Normal tur- 
bine design constraints at Garrett require a burst margin of 
25 percent with a 0.85 burst factor. 

Additional analyses were then performed representing rotors 
where the dual-alloy bondline was moved progressively outward 
until a position was reached that still allowed the insertion of a 
cooling passage. This model was considered to be an only slightly 
more optimistic design concept, since the blades were still too 
thin to meet stress-rupture life requirements. Also, the cooling 
passages were slightly smaller than necessary from a flow stand- 
point. Several versions of Model D are presented showing the 
stress effects of various aspects of the rotor geometry. 

Models Dl and D2 (Figure 66) illustrate the impact of blade 
loading, which was higher than in the previous models. This was 
du“ to the blade thickness requirements incurred by the temper- 
ature and life goals of the rotor. The higher placement of the 
bondiine lowered the stresses and increased the average strength. 
This was expected, but the major improvement in stress level over 
Model B2 appeared as a result of the smaller cooling passage of 
Model D4 (Figure 67). 
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MODEL B3 


Fiaure 65 Dual-Alloy Solid Rotor With Full-Cooling 
Figure 65. Maximum Temperature. 
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MODEL D2 

Dual-Alloy Solid Rotor with Bondline at Largest 
Practical Radius, Room Temperature. 










Figure 68 presents the model D configuration with the imposed 
steady-state maximum power temperature distribution. The modified 
burst ratio and the bore fatigue life are marginal for this flow 
path with a radius ratio of 0.65. 

A comparison summary of the progression from a solid, 
uncooled monoform cast rotor to a preliminary optimized geometry 
is shown in Table VII. The average tangential stress and average 
ultimate strength are area- or volume-weighted averages that take 
into consider -tion both cast- and powder-metal portions of the 
rotor axisymmecric regions. The average tangential stress in the 
powder-metal region of the hub, as determined by integration of 
the finite-element stress results, was used to determine the modi- 
fied burst ratio. This ratio was intentionally conservative, 
since it focused on higher stress portions of the rotor. 

5.7.3 Optimum Rotor Selection 

Aerodynamically , the lower blade exducer tip-to-inducer tip 
radius ratios were superior at lower power settings. Even though 
several disadvantages (greater cooled blade-surface area, limited 
space available for a powder-metal disk, and low radius ratio 
designs) existed, higher burst margins and lower peak bore 
stresses were attained. After careful screening, two candidates 
were selected with radius ratios of 0.60 and 0.65, respectively. 
A 2-dimensional, finite-element analysis was used for the final 
design selection. The results of this analysis are shown in 
Figure 69. 

The following parameters were used in the final configuration 
selection: 

o Airfoil Cooling 

The 0.65 radius-ratio airfoil is smaller in size 
than the 0.60 radius-ratio airfoil with 13-percent 
less surface area to cool. This airfoil has a 
lower aspect ratio inducer. Consequently, signif- 
icant improvements in cooling flow-distribution 
are possible. 

o Airfoil Vibration 

The 0.60 radius-ratio airfoil inducer and exducer 
height were increased by 66 and 69 percent, 
respectively over the 0.65 radius ratio design. 
The resultant lower frequencies increased the 
potential high-cycle-fatigue (HCF) problems. 
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MODEL D4 

Figure 68. Dual-Alloy Rotor, Highest Bondline Radius, Pull- 
Cooling Passage, Maximum Power Temperature. 




TABLE VII. COMPARISON OF MECHANICAL PROPERTIES FOR COOLED-ROTOR MODELS 


Model 

Avg. 
Tang . 
Stress 
MPa 
(ksi) 

Avg. 

Ult. 

Strength 

MPa 

(ksi) 

Mod i f i ed 
Burst 
Margin 
Ratio 

Peak 

Effective 

Stress 

MPa 

(ksi) 

Temp. 
Field 
K CF) 

Comment 

A 

599.8 

(87.0) 

937.7 

(136.0) 

— 

1105.9 

(160.4) 

294 

(70) 

Single-alloy, solid 
rotor 

B1 

583.3 

(84.6) 

1126.6 

(163.4) 

— 

1057.7 

(153.4) 

294 

(70) 

Dual-alloy, solid 
rotor 

B2 

688.8 

(99.9) 

1152.1 

(167.1) 

— 

1209.3 

(175.4) 

294 

(70) 

Pull coolant passage 

B3 

688.8 

(99.9) 

1125.9 

(163.3) 

1.129 

1516.2 

(219.9) 

Yes 

Temp, field imposed 

Dl 

494.36 

(71.7) 

1186.6 

(172.1) 

1.406 

933.6 

(135.4) 

294 

(70) 

Model D2 with blades 
removed 

D2 

575.7 

(83.5) 

1186.6 

(172.1) 

1.310 

1042.5 

(151.2) 

294 

(70) 

Dual-alloy solid 
rotor highest bond- 
line 

D4 

630.9 

(91.5) 

1206.6 

(175.0) 

1.267 

1114.9 

(161.7) 

294 

(70) 

Full coolant passage 

D5 

630.9 

(91.5) 

1139.7 

(165.3) 

1.222 

1306.6 

(189.5) 

Yes 

Temp, field imposed 







temperature K (®F) 



RADIUS RATIO - 0.66 RADIUS RATIO • 0.60 


Figure 69. Assumed Temperatures and Equivalent Stresses. 
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o 


Mc£oil Stress 


> The ability to have nonradial blading without 
excessive bending stresses was enhanced by the 
shorter inducer of the C. 65-radius-ratio airfoil. 
A tall inducer implied substantial taper to reduce 
centrifugal stresses. This eroded any thickness 
margin that could be used to increase section modu- 
lus and reduce bending stress. 

- Thicker blading near the scallop region could be 
detrimental to aerodynamic performance. The 
taller the inducer, the greater the blockage near 
the scallop due to reduced radius and greater air- 
foil thickness, and the greater the optimized 
stress level. 

o Rotor-Hub Burst Margin 

- The small cooling passage used for both the 0.60- 
and O.G5-radius ratios allowed adequate air dis- 
tribution to the exducer and provided for the 
highest bondline achieved in the stress model. The 
final design is likely to have larger cooling pas- 
sages and thicker blades that would incur higher 
stresses. The smaller 0.60-radius-ratio hub would 
be affected more by these design adjustments than 
the 0.65-radius ratio hub. It is anticipated that 
the small advantages observed with the 0. 60-radius 
ratio hub would be insignificant. 

o Hub LCF Life 

- Hub LCF life decreases with an increase in peak 
stress. The 0.65-radius-ratio rotor, compared to 
the O.GO-radius ratio rotor, showed a 7.5-percent 
increase in peak stress. Both showed high peak 
stress levels that could present difficulties in 
achieving fatigue life goals. 

In conclusion, the 0.65-radius-ratio flow path favored all 
aspects of the blade design, while the 0.60-radius ratio favored 
bore LCF life with a slightly higher burst margin. Since improved 
bore LCF life can be achieved by reducing bore diameter, the 
0.65-radius-ratio configuration was selected for use in the final 
design. 
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5.8 Selected Stage Configuration 

The system performsiice At 60—percent power is oresent^d in 

ratio and lnl«t W«Je angle. On this basis, the aerodynamic bene- 
A <c minimizing r&dius ratio were consistent with the 

0.65-radius-ratio selected from mechanical analysis. 

8uiterfor“thrv*r?,M /otor blade appeared ideally 

variable flow capacity engine, since rotor inlet 

60 increased as power decreased from 100 to 

60 ^rcent. For the present duty cycle and life requirements a 
0.35-radian (20-degree) inlet blade angle was considered a h^qh 
risk. Therefore, a 0.17-radian (10-degree) rotor inlet anal a 

and^^the^ foo ‘detailed design. The stage meridional flow path 
100-percent power 1-dimensional vector diagram for the 
selected configuration are presented in Figures 71 and 72, respec- 
tivexy. The aero/thermodynamic conditions and geometric staae 

for the detailed stator and 
cooled rotor design are presented in Table Vlli. 
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TOTAL-TO-TOTAL SYSTEM EFFICIENCY, ’^T-T)2-6 


f 



I 1 1 T 1 

(0) (5) (10) (15) (20) 

ROTOR INLET BLADE ANGLE, radians (DEGREES) 


Figure 70« 


Effects of Radius Ratio and Inlet Blade Angle on 
System Performance at 60-Percent Power, 
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RADIUS, cm (INCHES) 


rfl — . . . — p “ 13.764 cm 
(M16 IN.) 

ri7 VANES WITH ARTICULATED T.E. 
1^19 VANES WITH MOVABLE SIDEWALL 


R, - 11.133 cm 
(A383 IN.) 




. U> : i , i u I. 





/ 

1-Ditnensional Vector 
Stage Configuration, 


Diagram for Selected Cooled- 
100-Percent Power 


Figure 72. 


TA3LE Vlll. SeUECTED COOLEOi .VlUilABLB-AilKK RADIAL TURBINE STAGE CHARACTERISTICS. 

Specific Sta^^ NorA, 


472.72 kJ/kg (203,27 Btu/lbm) 

Stage Corrected Hark, 


8S.74 kJ/kg (36.S7 Btu/lbm) 

Conpraaaor Diacharge Temp, T^ 


72B.6K (B51.8*F) 

Coapresaor Dlacharge Prasaure, P^ 


1722.3 kPa (244. B psia) 

Mass Plow, W 


2.15 kg/s (4.73 Ibm/sec) 

Compressor Pressure Ratio, P^ 


17,1 

Rotor Inlet Mised Temperature , T^ 


1588. 7E (2400*F) 

Inlet Corrected Flow, Hc>*/s|4 


t'.3084 kg/a (0.680 Ibm/sec) 

Stage Total-to-Total Pressure Ratio, P_ I 

«T-t|2-5 


2.945 

Stage Inlet Total Pressure, 


1654.7 kPB (240.0 psia) 

Inducer Tip Speet*, U^^ 


640 m/s (2100 ft/sac) 

Rotor Inlet Blade Angle, ^ 


0.1745 rad (10 degrees) 

Rotational Speed, N 


5969 rad/s (57,000 rpm) 

'Stage Hork Coefficient, 


1.154 

•Rotor Inlet Hork Coefficient, 


1.000 

•Rotor Exit Mean Hork Coefficient, x_ 


-0.499 

!> 

•Specific Speed, Ng 


0.424 non-dimensional iled 
(54,64 rpm FV/*/S[C*' *•) 

•Reynolds Number, R^ 


3.734 X 10^ 

•Stage Reaction, Ry^g 


0.638 

Kxducer Tip-to-Inducer Tip Radius Ratio, R,|, /R,j, 


3.650 

Esducer Hub-to-Exducer Tip Radius Ratio, Rj^^/R^ 


0.456 

Rotor Exit Annular Area, Ag 


77.4 cm* (12.0 in.*) 

Number of Rotor Blades, Ng 


14.0 

Number of Vanes with Articulated Traillng'Edge (N„ ) 


,7.0 

'^ATE 



Number of Vanes with Movable Sidewall, (N,, ) 


19.0 

''men 



Rotor Exit Mean Swirl Angle, 


-0.6098 cad (-34.44 deg) 

•Rotor Exit Mean Critical Velocity Ratio, V/A_, 

"5 


0e496 

•Values at 100-Percent Power 
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6.0 TASKS III AND IV - VARIABLE- AREA STATOR AERODYNAMIC 

AND MECHANICAL DESIGN 

6.1 Detailed Aerodynamic Design Procedure 

During the conceptual evaluation phase of the program (Task I) , 
the four leading variable-area stator concepts were reduced to 
two; an articulated trailing-edge and a locally movable sidewall. 
Due to a lack of previous aerodynamic and mechanical experience 
with these concepts, it was concluded that a detailed design of 
each concept would be required before a final design could be 
recommended. 

The detailed aerodynamic evaluation of the two variable-area 
stator concepts was based on a 2-phased numerical procedure. 
First, a preliminary evaluation of the flow pattern and the vane 
loading was obtained using the Katsanis stream-function 
approach (25) ^ iphe stator geometry was simulated using the Kat- 
sanis 2-dimensional model. This analysis was an economical design 
tool for eliminating deficient configurations from those inves- 
tigated during the detailed design phase. The stator geometrical 
configurations selected through this process were then used as an 
input in the second phase of the numerical analysis. In this 
phase, the stator flow field was analyzed on a 3-dimensional basis 
using a finite-element approach. The two solutions were then com- 
pared to verify the conclusions and justify the decisions made in 
the first phase. 

6.2 Articulated Trailing-Edge Stator - Detailed Aerodynamic 

Design 

Figure 73 is a schematic diagram of the articulated trailing- 
edge concept. Depending on the selected design point, the vane 
trailing-edge is rotated around the pivot point to either increase 
or decrease the cross-flow area. Since this rotation affects flow 
turning (and subsequently vane loading) , it was important to 
examine the stator performance associated with different power 
settings once the design point was selected. The design-point 
power setting was based on a qualitative estimate of potential 
leakage, which appeared to be a major drawback of this mechanism. 

The vane was first designed at the 100-percent power level 
with parallel sidewalls. The profile for this configuration is 
shown in Figure 74 for both the 60- and 100-percent power set- 
tings. The vane loadings for these settings were obtained through 
Katsanis blade-to-blade flow analysis, and are shown in Figure 75. 
As shown, considerable diffusion was associated with the excessive 
turning on the vane pressure-side and the reversed curvature along 
the suction-side at the 100-percent power level. Conversely, the 
vane performance at the 60-percent power level is characterized by 
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Figure 73. Articulated Trailing-Edga Vane Concept. 
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I Fl 9 ure 74. Articulated Trailin 9 ~Ed 9 e at 100— Percent Power 1 

I Desi 9 n Point (Rotated Closed at 60-Percent Flow) . 1 
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VANE SURFACE CRITICAL MACH NO.. V/A, 
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( 0 ) ( 1 . 0 ) ( 2 . 0 ) ( 3 . 0 ) 


LENGTH, CM (INCHES) 


Figure 75. Articulated Trailing-Edge Configuration, 

Vane Velocity Distributions for 100-Percent 
Power Design Point (Stream-Function Solutions). 
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a significant increase in loading near the trailing-edge, which 
could lead to leakage problems. 


Using the same parallel sidewall configuration, a 60-percent 
power design point was then considered (Figure 76). The brsic 
problem incurred with this case was a relatively low loading of 
the vane leading edge, followed by a rapid increase in loading 
downstream (Figure 77). Again, the 100-peicent power setting 
was associated with substantial diffusion over the suction side. 

When the design point was shifted to 80-percent, satisfactory 
stator performance was achieved, and this power level was selected 
for the final configuration. The final vane profile is shown in 
Figure 78. This figure also shows the details of the trailing- 
edge in the two extreme power settings of 60- and 100-percent. 
Contoured sidewalls were selected for this design, as shown in the 
meridional view (Figure 79). This reduced the curvature at the 
stator inlet and minimized the inlet velocity gradients. The vane 
loadings at all three power levels are shown in Figure 80. This 
figure demonstrates that a more uniform loading over the required 
power spectrum is achieved in this case. Again, the diffusion 
incurred on the suction side at the 100-percent power level 
appeared to be unavoidable. However, this effect was compara- 
tively reduced at the selected 80-percent design point. 

6.3 Detailed Aerodynamic Design of the Movable Sidewall Stator 

Although the articulated trailing-edge configuration was the 
primary candidate for a variable area stator, a locally movable 
sidewall mechanism was also studied. The advantages offered by 
this concept were primarily mechanical. For this configuration 
the stator vanes were single, stationary units. This provides 
more flexibility in the internal cooling flow design and improves 
structural support for the entire stator assembly. Moreover, if 
the sidewall seals were located outside the flow path, this would 
allow employment of a higher performance seal arrangement that 
could also be used for external cooling purposes. However, this 
design incurred high stator-exit dump losses at low power levels 
that were a major drawback in this case. 

The simplest configuration in the movable-sidewall category 
was a purely translating sidewall mechanism. This configuration 
is shown in Figure 81. The abrupt enlargement at the movable 
sidewall exit in this configuration severely affects the loss 
levels at the rotor inlet, and consequently, stage efficiency. 
This was established from previous Garrett in-house rig test pro- 
gram using a symmetrical reduction in stator passage width. The 
program showed that a reduction of approximately 4 points in effi- 
ciency results from a 30-percent reduction in nozzle passage 
width, (with no sidewall leakage). 
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Figure 76. Articulated Tralling-Edge, 60-Percent Power 

Design Point (Rotated Open at 100-Percent Flow) . 
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VANE SURFACE CRITICAL MACH NO., V/A 



LENGTH, CM (INCHES) 


Figure 77. 


Point (Stream Function Solution) . 
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Figure 78. Final Articulate 
for 80-Percent Pi 
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Figure 80. Vane Velocity Distribution for Final Articulated 
Trailing-Edge Stator Design (17 Vanes) . 
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Two alternate anpioachcs to the conventional translating 
sidewall have since ueeii investigated by Garrett. The tirst 
approach is defined as a purely rotating (pivotal) sidewall 
rnochanisiu and is shown in Figure 82. This figure shows a blade- 
to-blade view of a typical flow passage, as well as the rectangu- 
lar segment over which the rotating insert contacts the stator 
flow. Also shown is a section in a plsne parallel to the stream- 
wise edges of the insert and perpendicular to the pivotal axis. 
This section depicts the sidewall movable segment at the extreme 
high- and low-power level positions. The second approach investi- 
gated was a rotating-translating sidewall mechanism (Figure 83). 
As the term implies, change in the cross-flow area is now achieved 
through a combination of insert rotation and translation. In this 
mechanism, a line contact between the insert and sidewall is main- 
tained over the entire power range at the insert front and rear 
edges. Examination of Figures 82 and 83 reveals that the stator 
exit sudden expansion is replaced by a smooth ramp in the vaneless 
space. Clearly, the rotating-translating sidewall configuration 
offers smoother transition in the passage width upstream from the 
throat. Therefore, this mechanism appears to maintain a more 
desirable flow behavior in this region. 

Several important aspects were revealed in the preliminary 
geometric and aerodynamic analysis of the two configurations. In 
both cases, the sides of the movable segment were parallel. This 
was reguired to av^oid binding during actuation. In addition, to 
minimize gaps between the vane and the movable segment, the vane 
contour was made straight over the region where the insert 
extends. This required a local thickness increase, as well as 
relatively high wedge angles at the trailing-edge (Figure 84). 
These configurations also required an increase in vaneless space 
to avoid rotor-tip interference. 

The vane configuration shown in Figure 84 corresponds to the 
optimized profile. This configuration was the result of a 
detailed analytical study in wliich loadings corresponding to dif- 
ferent blade geometries were evaluated. A Katsanis stream- 
function flow analysis was again used to obtain the blade loading 
for each iteration. The passage width was simulated in the pro- 
gram input data by using an average value at the different radial 
locations in both the vaned- and unvaned-stator portions. The 
objectives were to minimize the velocity peaks along the vane sur- 
face and to obtain a raonotonically accelerating channel. 

Figure 85 shows the vane loading at both the 100- and 
60-percent power levels. As indicated cn the figure, the power 
reduction was achieved through a purely rotating and a rotating- 
translating sidewall mechanism. This figure shows that despite 
the irregular geometry in the 60-percent flew configuration, the 
flow is continuously accelerated in both cases. However, the 
purely rotating sidewall option incurred a slight local diffusion 
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Figure 82. Movable Sidewall Configuration (Purely Rotating Insert) 
Schesatic Diagram. 


STATIONARY SIDEWALL 


SECTION L-L 



INSERT AT 100% POWER 


INSERT AT 60% POWER 



Figure 83. Movable Sidewall Configuration (Rotating 
Translating Insert) , Schematic Diagram. 
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VANE SURFACE CRITICAL MACH NO.. V/A, 


1.2 



Figure 85. Movable Sidewall Stator Vane Velocities with 
19 Vanes (Stream-Function Solution). 
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on the vane suction side when compared with the rotating- 
translating sidewall option. Nevertheless, the closeness of the 
. loading characteristics in both cases makes selection of one 

mechanism over the other difficult. The final vane design param- 
eters for both the articulated trailing-edge and locally movable 
sidewall variable-area stator concepts are presented in Table IX. 

; A more accurate description of the flow field for both cases was 

I obtained through a 3-dimensional, finite-element flow analysis, in 

‘ ’ which the geometrical details of these configurations were rigor- 

! ously simulated. 

(' • 

I 6.4 Stator Flow Field - 3-Dimensional, Finite-Element Analysis 

t 

f The stator flow field that corresponded to each stator con- 

f figuration was first analyzed using the blade-to-blade, stream- 

[ function approach developed by Katsanis. This approach is based 

t; on the use of a finite-differencing method to solve the flow- 

J governing equations along the blade-to-blade stream surface and 

; assumes an irrotational flow. Thus formulated, this approach does 

^ not provide a rigorous basis for handling a 3-dimensional flow 

I region. This disadvantage was a source of uncertainty — 

t particularly in cases where the stator sidewalls were geometri- 

cally complicated, 3-dimensional surfaces (such as the locally 
movable sidewall configuration) . Furthermore, an external con- 
straint in the form of a specified flow exit angle is required by 
< . the Katsanis approach to yield a unique solution. This angle 

’ is not generally known in advance and the correct value can be 

I evaluated only through a trial-and-error process. 

i 


To overcome the geometrical and analytical difficulties 
involved in handling flow fields in 3-dimensional passages of 
turbomachines, Garrett has developed a finite -element approach 
particularly suitable for this problem. This approach combines 
the numerical advantages inherent in the finite-element technique 
with simplicity in specifying the flow exit conditions. 

6.4.1 Background 

The finite-element method is a process through which a con- 
tinuum with infinite degrees of freedom can be approximated by an 
assemblage of subregions called elements. In each element, a 
finite number of discrete field variables are utilized as degrees 
of freedom. Each of these subregions interconnects with others in 
a way similar to discrete structural assemblies. Within each ele- 
ment, an approximate solution is constructed in terras of a number 
of unknown parameters. The latter consists of the field variable 
nodal values and may include derivatives and/or other characteris- 
tic variables. A set of algebraic equations is then derived on an 
element basis, in accordance with an integral statement of the 


135 


TABLE IX. FINAL VANE DESIGN FOR SELECTED VARIABLE- 
AREA STATOR CONCEPTS 


D*al9n PacMatcra 


NuMbar of Vanaa. Ny 
Inlat Radlua. Rji cb (In.) 


Exit Kadlua, Rj. CB (in.) 


Inlat Plow Angla, •>,, tadlana (Dasiaaa) 0 

Exit flow An 9 la« oj, radiana (Dagraaa) 1.346 (78.320) 


inlat Vana Anqla, o.y. 0.175 (10.000) 

radiana (oaoraaa) 

Exit Vana Angla. a.», tadluAR (Daqcaaa) 1.333 (76.390) 


Radial Chord, C,,, cb (in.) 


Laadlno-Bdoa Tbicknaaa, T|, , cb (In.) 


Ttaillno-Bdoa Thlcknaaa, cb (In.) 

Tialllno-Bd9a Tangential Thicknasx, 

T- , CB (In.) 

^^3 

Trail Ing-Bdga Spacing, Sp^, cb (In.) 

Tcalllng-Bdga Tangantlal Blockaga, 
(T^Sp), CB (in.) 


NaxiBUB vana Tnicxneaa, , cb i 

"max 

Throat DlBanalon, *0*, cb (in.) 

Inlet Pasaaga Width (bj), cb (in.) 

Bxlt Paaaaga Width (bj), cb (In.) 

Critical Mach Wo., V/A^.^ , 

(Outaide Tralling-Bdga) 


Articulated 
Tralling-Bdga 
Concapt 
(80% Power 
Daaign Point) 

Rotating-Tranalatl 
Movable Sidewall 
Concapt 
(100% Power 
Daaign Point) 

17 

19 

13.876 (S.463) 


14.417 (5.676) 

11.295 (4.447) 


11.709 (4.610) 

0 


0 

1.366 (78.320) 


1.307 (74.900) 

0.175 (10.000) 


0.244 (14.000) 

1.333 (76.390) 


1.262 (72.320) 

2.580 (1.016) 


2.708 (1.066) 

0.737 (0.290) 


0.533 (0.210) 

0.102 (0.040) 


0.102 (0.040) 

0.432 (0.170) 


0.335 (0.132) 

4.178 (1.644) 


3.871 (1.524) 

0.264 (0.104) 


0.220 (0.087) 

0.826 (0.325) 


0.826 (0.325) 

0.823 (0.324) 


0.909 (0.358) 

1.295 (0.510) 


1.295 (0.510) 

0.749 (0.295) 

1 

0.749 (0.295) 

0.960 

0.843 






problem under consideration. The final system of equations is 
obtained by "patching" the elements together in such a way that 
contributions involving the same parameter are properly added. 

The foremost advantage offered by the finite-element method 
is its efficiency in handling regions with geometrically irregular 
boundaries. These usually are problems where the field variable 
gradients are high and often require a grid of varying mesh size. 
This requirement is not easily handled through conventional 
finite- difference methods, since complicated schemes (26) are 
often involved. However, the finite- element analysis can proceed 
using arbitrarily constructed subdomains with, if desired, differ- 
ent order approximate solutions. These can be properly placed in 
the domain of interest to reflect the anticipated gradients of the 
field variable. Another advantage of the finite-element method is 
the flexibility and simplicity of specifying arbitrary boundary 
conditions along curved boundaries. 

The application of the finite-element method to problems of 
potential fluid flow has been reported in several refer- 
ences (27 ,28 ) ^ jn the two-dimensional flow problems, either a 
stream-function or a velocity-potential formulation is adopted. 
The governing equation respectively reflects the law of mass con- 
servation or the irrotationality condition. A different set of 
boundary conditions is associated with each case. In general, 
each set can be a basis for selecting one formulation over the 
other in terms of the solution accuracy and the rate of conver- 
gence(28). Three-cimensional applications cf the method have also 
been reported by, among others. Prince (2?*) and Laskaris (3(5) . 

6.4.2 Analysis and Program Description 

The finite-element flow analysis developed by Garrett is 
applicable to the transonic flow field in the blade-to-blade chan- 
nel of the radial stator. This analysis is based on the assump- 
tion of a steady, inviscid, and shockless flow with localized 
supersonic regions. The analysis follows Galerkin's weighted- 
residual approach (31) combined with linear tetrahedral elements. 
With the velocity potential as the primary field variable, the 
flow-governing equation is linearized in each iteration using the 
density field obtained from the preceding iteration until conver- 
gence is achieved. This approach is numerically stable over a 
range of Mach numbers, that extends to slightly transonic flow 
regimes. The circulation around the blade is introduced in the 
finite-element formulation as a field variable to be evaluated in 
the final solution process. As a result, a unique distribution of 
the flow exit angle is obtained that is not necessarily uniform. 
At this point, the analysis deviates from conventional analyses in 
which the exit angle is externally imposed a' priori. A detailed 
description of this analysis is available(32,33) ^ 
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A finite-element discretization model is generated in the 
program as part of the computational process (Figure 86). The 
characteristics of the generated model can be controlled by the 
input parameters and provides a geometrical description of the 
stator blade and sidewalls for each case, as well as the desired 
number of blade- to-blade, inlet-to-exit, and sidewall-to-sidewall 
stations . 

6.4.3 Application of the Finite-Element Flow Analysis to the 
Variable Geometry Stator 

The finite-element analysis described in the preceding para- 
graphs was used to investigate the inviscid flow field in the two 
variable-area radial stator concepts (i.e., the articulated 
trailing-edge and the locally movable sidewall configurations) . 
The results were then compared to those obtained through the 
Katsanis analysis. For each case considered, a 3-dimensional, 
finite-element model was established using four layers of elements 
between the stator sidewalls. Figures 87 and 88 show the articu- 
lated trailing-edge, and Figures 89 through 91 show the locally 
movable sidewall configurations. At the SO- percent power setting, 
the locally movable sidewall becomes a 3-dimensional surface. To 
illustrate the change in the sidewall spacing in this case, dif- 
ferent sections in the flow passage are shown in the last two 
figures. These sections were taken along the dotted lines, as 
indicated in the X-Y views of the finite-element models. The 
rectangular region of the sidewall, which is the X-Y projection of 
the rotating and rotating-translating inserts is also shown. The 
contours of the stator axial widths are within this rectangle and 
are plotted in Figures 92 and 93. These figures further illus- 
trate the reduction of the passage axial width, when compared to 
0.7407-cm (0.2916-in.) design value in the vaneless stator por- 
tion, and an average value of 0.94 cm (0.37-in.) upstream of the 
insert. Figure 94 shows the blade- to-blade view in each stator 
configuration along with the station designation used for the pur- 
pose of discussing the numericcil results later in this section. 

After comparing the finite-element results with those 
obtained with the Katsanis analysis, the flow exit angle in the 
latter analysis was corrected to the average value obtained in the 
finite-element solution and the 2-dimensional program rerun. This 
established a nearly unified basis for comparison. More impor- 
tantly, in cases where the exit angles were significantly differ- 
ent from the values obtained in the finite-element solution, the 
Katsanis analysis was repeated to verify the conclusions drawn in 
the preliminary design step (where approximate values were used) . 

Results of the finite-element analysis for the articulated 
trailing-edge configuration are shown in Figures 95 and 96. The 
final Katsanis loading corresponding to the 100-percent power 
setting is shown in Figure 95 for comparison. Since the sidewalls 
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iqure 89. Finite-Element Model for Locally Movable Sidewall 
Configuration, 100-Percent Flow Geometry. 
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Figure 90. Finite-Element Model for Movable Sidewall Configuration, 
(Purely Rotating Insert} at 60-Percent Power Setting. 
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Figure 91. Finite-Element Model for Movable Sidewall Configuration, 
(Rotating-Translating Insert) at 60-Percent Power Setting 
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Figure 96. Articulated Trailing-Edge Configuration Vane 

Velocity Distribution for 60-Percent Power Set- 
ting (Design Point at 80-Percent Power), 3-Di- 
raensional Finite-Element Analysis. 
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in this category are nearly parallel, good agreement is observed 
between the two sets of results shown in this figure. As shown in 
these figures, the 60-percent power setting is associated with 
relatively low velocity levels on the pressure side over 60 per- 
cent of the radial chord followed by a rapid increase over the 
downstream portion. The 100-percent power setting on the other 
hand, is characterized by a knee-shaped velocity curve in the 
vicinity of the throat point on the suction side. This is 
basically due to the reverse-curvature along the suction side in 
this region. 

Vane loadings corresponding to the movable sidewall config- 
uration are shown in Figures 97 through 99. The 60-percent power 
loadings at different axial locations for this configuration are 
shown in Figures 98 and 99, including both sidewalls and a midway 
station. These figures show that the flow is accelerating con- 
tinuously (with the exception of a slight local diffusion over the 
vane suction-side in the purely rotating sidewall mechanism at the 
60-percent power level) . The flow behavior in the vaneless nozzle 
for the different geometries considered is shown in Figures 100, 
101, and 102, respectively. The nondimensional velocity contours 
are plotted over the three concentric cylindrical surfaces which 
are indicated in Figure 89 by dotted lines between the two 
periodic boundaries. As shown in these figures, significant tan- 
gential gradients in the exit velocity are associated with the 
60-percent power geometry — particularly in the case of the 
rotating-translating sidewall option. The circumferential dis- 
tributions of the flow angle and the critical velocity ratio at 
the stator exit station (station C-C, Figure 89) and midway 
between the two sidewalls are shown in Figure 103 for all the 
stator configurations considered. This figure shows that the high 
tangential gradients of the flow exit angle are associated with 
the movable sidewall configuration, a characteristic that is con- 
ceptually undesirable at the rotor inlet station. 

6.5 Detailed Aerodynamic Design Conclusions 

The variable-geometry stator flow analysis is basically a 
problem where the solution domain falls in the 3-dimensional cate- 
gory. This is particularly true for those configurations where 
locally movable sidewalls are incorporated. The numerical design 
procedure adopted for the present study took this problem into 
account, while providing fast, low-cost answers in the early stage 
of the detailed design task where a large num.ber of vane and side- 
wall shapes were considered for comparison. In this stage, the 
stator geometry was reduced to a 2-dimensional region in the flow 
analysis and the Katsanis stream function approach was utilized. 

The objectives of the second phase of the detailed stator 
design were to account for the flow 3-dimens\onality and to verify 
the results of the first phase. Ideally, this procedure should be 
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VANE SURFACE MACH NO. IN PLANE A-A, V/Ag 



Figure 97. Movable Sidewall Configuration Vane Velocity 
Distribution for 100-Percent Power. 
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VANE SURFACE CRITICAL MACH NO., V/A 



Figure 98. Purely Rotating Sidewall Configuration Vane 
Velocity Distribution for 60-Percent Power. 
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VANE SURFACE CRITICAL MACH NO., V/A 



Figure 99» Rotating-Translating Movable Sidewall Configuration, 
Vane Velocity Distribution for 60~Percent 
Power Setting. 
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Figure 100. Movable Sidewall Configuration, Critical Mach No. 

Contours in the Vaneless Nozzle tor 100-Percent 
Power Setting (3 -Dimensional Finite-Element 
Analysis) . 
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Figure 102. Rotating-Translating Sidewall Configuration, Critical 

Mach No. Contours in the Vaneless Nozzle for 60-Percent 
Power Setting (3-Dimensional Finite-Element Analysis) . 
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Figure 103. Comparison of Flow Properties at Stator Exit Station 
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iterative, in the sense that the 3-dimensional results can 
lead to reconsideration ot some configurations that were not 
cosiderod in the first phase. However, this was unnecessary 
for this program, because of the careful geometry selection 
used in the first phase in conjunction with an accurate 
projection of 3-dimensional effects. 

Each stator configuration appeared to attain peak performance 
at a different power level. With the design point at the 
80-percent power setting, the vane loading at 100-percent power in 
the articulated trailing-edge configuration is characterized by 
local diffusion over the suction-side, downstream from the throat 
point. At the GO-percent power setting, desirable loading char- 
acteristics are generally achieved with the flow constantly accel- 
erated on both the suction- and pressure-side, and moderate 
trailing-edge loading. However, opposite conclusions can be drawn 
for the movable sidewall configuration. The major drawback to 
this configuration is the losses associated with the stator exit 
dump at low power settings. The relatively high tangential gradi- 
ents at the stator exit-rotor inlet station represents an addi- 
tional disadvantage for this configuration. 

Selection of an optimum configuration for the variable area 
stator is based not only on aerodynamic evaluation, but also on 
mechanical and cooling considerations. While the articulated 
trailing-edge configuration appears to offer slightly better aero- 
dynamic performance in a global sense, tne movable sidewall option 
offers considerable mechanical and coolin: advantages. Incorpora- 
tion of a rotatinq-translating insert in the movable sidewall 
option provides better performance from an aerodynamic stand- 
point while maintaining similar mechanical and cooling advan- 
tages.. 


158 



6.6 Articulated Trailing-Edge Stator - Mechanical Substantiation 


6.6.1 Mechanical Description 

The preliminary conceptual analysis (Task I) identified the 
articulated trailing- edge stator as the primary candidate for 
achieving variable geometry for this program. The stator config- 
uration shown in Figure 78 was ultimately selected as a result of 
parametric analysis and final aerodynamic-design studies. For 
this concept, the trailing-edge was rotated about the axis by the 
controlled actuation linkage movement attached to a hollow hinged 
pin that penetrated the forward sidewall. The trailing edge was 
confine'’ to the portion of the stator channel with parallel side- 
walls, so that adequate sealing could be obtained at all power 
conditions. 

The stem portion of the hinged pin had a 0.317-cm (0.125-in.) 
inside diameter that allowed cooling flow to enter the trailing 
edge. The 0.1C2-cm (0.040-in.) thick walls provided adequate 
rigidity and strength to withstand aerodynamic loading. For the 
final design cooling-flow rate through the stem, a pressure loss 
of about 6.9 MPa (1.0 psi) was predicted for a supply pressure of 
1717 KPa (249 psia). Hence, the pressure drop was insignificant. 
The highest aerodynamic loading on the trailing-edge occurred at 
the 60-percent power condition. In this worst case, the 
torsional-stress level was calculated at less than 69 MPa (10 ksi) 
and is only a small percentage of the NASATR-100 material yield 
strength at predicted temperatures. 

Figure 78 shows the long radial span of the vane and also the 
varying trailing-edge radius from the 60- to 100-percent power 
settings. The vane and sidewall surface area to be cooled is sig- 
nificant and, in general, the need for cooling at these tempera- 
ture levels is considerable. 

6.6.2 Impact of Cycle Conditions on Stator Design 

The cycle-point selection for the final design employed a 
17;l-cycle pressure ratio, a physical compressor inlet-mass flow 
of 2.3 kg/s (5.0 Ibm/sec) , and a turbine-rotor inlet temperature 
of 1589K (24()0“F). A fixed rotor inlet temperature was used to 
control engine power output in the cycle analysis, with the resul- 
tant stator-inlet temperature computed from this temperature. The 
mainstream mass flow and injected-coolant mass flow from the vane 
and sidewalls mix to produce the desired cycle value of enthalpy 
at the rotor inlet. As the utilized cooling flow increases, the 
stator-inlet mainstream gas temperature also increases. This com- 
pensates for the lower temperature of injected coolant and the gas 
flow removed from the flow path. However, this increases the need 
for cooling to maintain appropriate metal temperatures. Obtaining 
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the correct rotor-inlet temperature raised the stator-inlet tem- 
perature to high levels (Figure 104) . The impact of stator cool- 
ant on inlet-gas temperature was plotted for both an average and a 
hot-streak condition using a combustor pattern factor of 0.20. It 
is a standard practice to design vanes to withstand the maximum 
hot-streak temperature that exits in the combustor. This pattern 
factor is defined as: 


PF 


T - T 

gas max gas avg 

fn 

gas avg combustor in 


Since the amount of cooling required for mechanical integrity 
of the stator was not known at the outset of the design, the pro- 
cess of computing stator inlet temperature was iterative. Pre- 
liminary cooling-flow design values were used in the final design 
process. Using these values, the stator-inlet temperature design 
values shown in Figure 104 were reached. The values were 1844K 
(2860"F) at 100-percent power and 1897K (2955“F) at 60-percent 
power. Total cooling-flow usage in the final design configuration 
was slightly greater than that assumed for establishing these gas 
temperatures. This did not justify further iterations on inlet 
temperature for design substantiation. 

6.6.3 Stator Aerodynamic Boundary Conditions 

The aerodynamic boundary condition trends observed for the 
final design solutions were similar to those reached in the pre- 
liminary design investigations. The velocity diagrams (Fig- 
ures 105 and 106) from the aerodynamic analyses were for 
100-percent and 80-percent power, respectively. As with any 
radial inflow turbine design, the inlet velocities to the stator 
were quite low and remained so in the passage, particularly on the 
pressure side, where low values extended along the initial 
40-percent of the surface length. With a fixed geometry vane in a 
conventional cycle, low velocities at part-power condition would 
not be a concern from a heat-transfer standpoint. This is because 
the need for providing adequate cooling flow is reduced in propor- 
tion to turbine temperature. With this design, the stator 
pressure-side velocities at 60-percent power were quite low. How- 
ever, coolant still had to be driven through the vane, since the 
inlet temperature was even higher at this condition. The low 
velocity did not produce sufficient static pressure drop from the 
coolant supply level to drive a film-cooling design on the pres- 
sure-side (normally used at these temperatures) . 

This problem is also addressed in Figure 107, showing the 
vane-surface static pressures at 60- and 100-percent power from 
the loading diagrams. This allowed an availaole pressure drop of 
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Figure 104. Inlet Gas Temperature Versus Coolant-Added, 
Variable-Area Stator. 
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about 51.7 kPa (7.5 psia) at 100-percent power forward of the 
articulation joint, to drive a film-cooling design on the pressure 
side. However, this pressure drop decreased to less than 
20.68 kPa (3.0 psia) at 60-percent power, and did not allow ade- 
quate pressure-side film cooling of the forward portion of the 
vane. This design was subsequently dropped from consideration. 
Suction-side film injection was ultimately selected for the con- 
figuration since the injection points allowed adequate pressure 
(Figure 107). These points were located as far forward of the 
throat as possible. 

Using aerodynamic velocities and stage inlet conditions, tur- 
bulent heat-transf er coefficients were calculated on both the suc- 
tion- and pressure-sides of the vane. A standard Garrett computer 
method for airfoil heat-transfer was used and did not include 
effects from film cooling on the suction-side. Figures 108 and 
109 respectively show the resulting values for the suction-and 
pressure-side surfaces at both 60- and 100-percent power. It 
should be noted that at the 100-percent power condition, greater 
heat-transfer coefficients existed on the forward portion of both 
surfaces. At the 60-percent power condition heat-transfer coeffi- 
cient was predominant on the rear portion. This is further illu- 
strated in Figure 110, showing heat-flux computation on the 
trailing-edge for a constant wall temperature. 

6.6.4 Vane-Cooling Circuit Design 

The major problems that existed with the design of the for- 
ward stationary portion of the vane-cooling circuit were adequate 
cooling of the vane pressure side without external film and cre- 
ating a passage to the suction-side for coolanL discharge that would 
not interfere with fresh coolant supply. A wall average metal 
temperature of 1255K (1800 "F) was selected ’n the belief that DS 
Mar-M 247 would provide this capability. This was a snail step in 
temperature beyond existing values produced with more conventional 
alloys. 

The final design employed the cooling configuration shown in 
Figure 111. Cooling air entered the vane through an unobstructed 
central supply region and then split into two paths. A large por- 
tion of the cooling air was transmitted into the nose region of 
the vane through three rows of impingement holes. This cooling 
air then exited the vane through suction-side film holes. The 
impingement holes were 0.038-cm (0,015-in.) in diameter, with a 
total of thirteen holes with 8 diameter and 6 diameter spacings. 
A total of six 0.071-cm (0.028-in.) diameter film cooling holes 
were located acrss the vane span. Leading-edge and impingement- 
wall thicknesses were 0.127 cm (0.050-in.). Smaller amounts of 
cooling air scrubbed the inner surface of the pressurvs-sidewall 
moving aft. This air then crossed to the suction-side, upstream 
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Figure 109. Articulated Trailing-Edge Stator Vane, Pressure-^ide 
Surface Beat— Transfer Coefficients. 
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of tha articulation point, and ducted forward along the suctlon- 
slde inner wall. Pin-tin arrays of 0.08-cn> (0.03-ln.) dimensional 
pins of varying densities were positioned around this path with 
all passage heights set at 9.102 cm (0.040 in.). The air was then 
metered through two 0.064-cm (0.025-in.) holes. This metering 
dropped the pressure prior to film-hole discharge such that neces- 
sary mass velocities for film cooling were reached. A total of 
five 0.045-cm (0.018-in.) film holes that flared to 0.071-cm 
(0.028 in.) at the outer surface were used. 

The vane nose heat-transfer problem was not as severe as in 
the case of an axial vane, since approach velocities are lower. 
The internal heat-transfer rates at the vane nose ranged from an 
average of 8511.7 W/m2 *k (1500 Btu/hr .-f t^®F) for 100-percent 
power to about 6242.2 V7 /m2.r (1100 Btu/hr . -f t2®p) at 60-percent 
power. The higher ger temperatures at 60-percent power were more 
restrictive, and it was apparent that metal temperatures at full- 
power were substantially lower (Figure 111). Wall temperature 
differences of 2BK (50®F) on the leading edge were not severe. 
For this design, the vane nose region flow corresponded to 
1.79 percent at 100-percent power, and 2.01 percent at 60-percent 
power. However, a severe sidewall heat-transfer problem existed 
on the pressure side at 100-percent power. Since this condition 
controlled the flow geometry, higher wall temperatures were exper- 
ienced. On the suction-side, a severe 60-percent power condition 
existed caused by the shift in film-hole discharge static pressure 
that reduced the cooling flow rate. Due to heat pickup, the 
reduced physical flow rate — even at higher percentage values — 
produced a noticeable effect on the suction-side downstream pas- 
sage. Optimization beyond that achieved may be possible, since a 
sufficient pressure drop exists for supplying more cooling flow to 
this passage, if desired. The sidewall region core flow was 
0.73-percent at 100-percent power, and 0.85-percent at 60-percent 
power. 

Vane tral ling-edge cooling was a challenge, due to the very 
high external heat-transfer coefficients and large surface area. 
In addition, cooling-flow passage area was limited due to the 
narrow shape and the length of the vane. In fact, the final design 
was pressure-drop limited at the trailing-edge. A straight- 
through flow path was utilized (Figure 112), with coolant supplied 
from the stem and then exited toward the trailing-edge. 

In the upstream portion of the trailing-edge, heavy cross 
ribs were placed between the suction- and pressure-sidewalls for 
flow acceleration and to reduce side-to-slde temperature differ- 
ence caused by heat cross-conduction. Passage height in this area 
was controlled by the 0.102-cm (0.040-in.) thick outer walls and 
the overall vane thickness. 
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Figure 112. Articulated Trailing-Edge Stator Vane Cooling Configuration 



with the increased coolant temperatures that existed in the 
midregion, it was necessary to decrease the passage height to 
0.102 cm (0*040 in.). Thicker walls and pin fins of 0.051-cm 
(0.020-in.) diameter were packed into a dense array of 6.4-cm 
(2.5-in.) diameter square spacing. As shown in Figure 113, this 
array allowed control of suction-sidewall temperatures, but was 
not sufficient to achieve the required 1255K (1800*F) temperature 
on the pressure-sidewall. 

Near the tr ailing-edge cooling-flow discharge slot, the 
pressure- and suction-sidewalls tapered to a 0.051-cm (0.020-in.) 
thickness, and the passage converged to 0.051-cm (0.020-in.) in 
height. The pin-fin array density opened to a 3-diameter spacing, 
with no exit restriction. This prevented "choking" of the cooling 
flow rate. No metering orifice was included, but the major pres- 
sure drop was uniform in the last section of passage. 

The peak metal temperature of 1366K (2000®F) was slightly 
exceeded at the hot-spot design condition. However, the major 
concern was that a relatively large section of the pressure-side 
exceeded 1311K (1900®F) . Temperature relief could be achieved 
through another design iteration that would increase the trailing- 
edge thickness and thus allow higher cooling-flow usage. Another 
consideration would be small amounts of film cooling using air 
injected just downstream of the articulation joint. Either 
approach could be evaluated in the component detailed final design 
phase. 

The cooling flow used in the trai ling-edge consisted of 
1.9-percent core flow at 100-percent power. The same physical 
flow corresponded to 3.17 percent at 60-percent power. 

Figure 114 presents a vane cooling flow usage summary and 
distribution. Totals of 4.4 percent at 100-percent and 6.0 per- 
cent at 60-percent power were required with the articulated 
trai ling-edge configuration. 

6.6.5 Sidewall Cooling Design 

Sidewall cooling of a radial turbine stator operating at high 
temperature levels is inherently more difficult to achieve since 
more cooling air is required than required with an axial stator 
design. This results from the basic geometries employed. The 
large radial position of the in-flow stator in the engine results 
in larger area sidewall rings, with relation to other turbine 
cooled surfaces. In this particular stator design, the vanes were 
long and slender, and required a significant amount of cooling 
flow for the resultant surface area (Figure 114). However, the 
sidewall area-to-vane area ratio for this design was 1.7. The 
articulated trailing-edge covering the sidewall requires cooling 
flow since it is alternately covered and uncovered when power level 
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Figure 113. Articulated Trailing-Edge Stator Vane. 
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Figure 114. Articulated Trailing-Edge Stator Vane Cooling Flow Summary. 



changes. It is believed that some benefit is achieved through 
this partial vane coverage, so that a slight decrease in local 
cooling flow is warranted. 

The stationary sidewalls are easily accessible on the rear 
surface in a typical stator design. This allows employment of an 
efficient cooling scheme that uses square-array impingement from 
behind, coupled with hot-side film cooling. 

All mechanical design details associated with the support 
method used for the stator and its influence on the cooling geom- 
etry of the sidewalls were beyond the scope of this program. As 
such, the design reflected no complications of this sort. An 
uncomplicated stator design was analyzed that used a cast sidewall 
section (or fabricated ring) with ribs located on the cold side to 
which a sheet metal impingement plate could be brazed. The ribs 
and local standoffs controlled the impingement-plate spacing fr<»n 
the sidewall back surface. These ribs divided the cooled surface 
between the vanes into zones. This zoning concept was selected 
because of static pressure gradients that existed on the flow-path 
side (where the flow is discharged). Addi\;ionally, this zoning 
allowed for different cooling intensities that corresponded to 
various gas-path conditions. 

Figure 115 presents this stator cooling design viewed from 
the sidewall hot side. The stator back side was divided into five 
zones by ribs (represented in this figure by dashed lines). Two 
rows of film cooling holes were positioned at the center portion 
of the sidewall. These holes were staggered with respect to the 
flow streamlines. Different groups of holes in each row were fed 
with coolant from the five different zones on the back side. For 
exampl' , Zone 1 fed four film holes in the first row, while Zone 2 
fed only one. All the impingement holes were 0.038-cm (0.015 in.) 
in diameter, with the same dimensional plate thickness. The film 
holes were all 0.051 cm (0.020 in.) in diameter and were posi- 
tioned at shallow angles [0.52 radian (~30 degrees)] with the sur- 
face. The film-hole positions were established by the position of 
static pressure isobars on the sidewall surface for both the 60- 
and 100-percent power conditions. These positions were carefully 
established to ensure a balanced air supply for proper film cool- 
ing to each hole within a zone. The primary pressure drops were 
across the film holes nnd, hence, metered the flow. The number of 
impingement holes in each zone was adjusted to supply enough flow 
for uniform film cooling. 

It was assumed that upstream coolant from the final combustor 
slots would provide a film effectiveness of 0.20 at the sidewall 
leading edge, with appropriate depreciation through the channel. 
The sidewalls were designed to achieve a 1255K (1800*F) metal tem- 
(«rature level. Local hot spots that result during component 
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» 5.9% AT 60-PERCENT POWER 
IMPINGEMENT HOLES 



Figure 115. Articulated Trailing-Edge Stator Sidewall Viewed £ro« 
Flow-Path Side. 



testing could be corrected by increasing or moving the impingement 
holes. The 100-percent power condition presented the most severe 
design constraint on the forward region of the sidewall, while the 
60-percent power condition presented severe design constraints in 
the downstream region. Forward and rear sidewalls were identiccl 
in cooling configuration. For both sidewalls, the total cooling 
flow usage was 4.9-percent core flow at 100-percent power, end 
5.9-percent core flow at 60-percent power. As noted, these flows 
were as high — or higher — than those experienced for the vane. 
This is not typical for axial stators at high temperatures. 

6.7 Movable Sidewall Stator - Mechanical Substantiation 


6.7.1 Mechanical Description 

The mechanical substantiation of the cooled, movable sidewall 
stator was based on the selected cycle conditions established for 
the articulated trailing-edge variable stator concept. The opti- 
mized 100-percent power vector diagram established for the artic- 
ulated trailing-edge design was also used for this configuration. 
The mechanical design of the articulated trailing-edge vane and 
sidewalls — particularly the cooling configuration definition 
with metal temperature predictions — was performed beyond the 
substantiation level. Because of this, extensive understanding of 
inherent variable stator design difficulties was obtained. Most 
of the boundary condition behavior that influenced the thermal 
design of the movable sidewall stator was similar to that of the 
articulated trailing-edge design. Therefore, the movable sidewall 
stator study was not extensive and focused primarily on areas 
where differences might occur. 

The baseline movable sidewall design, which employed a trans- 
lating sidewall section, is shown schematically in Figure 116. An 
engine turbine-section conceptual layout was also made 
(Figure 117) . Construction of the stationary portions of the 
sidewalls for the baseline and alternate approaches to this con- 
cept are predicted to be identical to those of the articulated 
trailing-edge design. These stationary portions would be fabri- 
cated from cast Mar-M 247 pieces (or a continuous ring), with 
sheet-metal impingement plates brazed onto the ribs with standoffs 
located on the rear surface. The cooling configuration would be 
zoned to provide for a flow distribution proportional to hot-side, 
heat-transfer rate variations. However, exact details of the zon- 
ing design were not studied. The movable sidewall section will be 
constructed in a similar fashion and zoned to provide a cooling- 
flow distribution suitable for all power conditions. An alternate 
design approach using laminated sheets could also be used for the 
movable sidewall section. This would provide additional flexi- 
bility, if required. 
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Tv'O alternate conceptual stator mechanical design layouts 
were considered during the study. One design has a variable side- 
wall v;ith a rotating and pivoting stator insert. The stator 
inserts are radially supported at the pivot and axially positioned 
by a rotating lift ring (view C-C in Figure 118). Rotation of the 
lift ring moves the stator insert into the stator throat (sec- 
tion B-B in Figure 118), thus reducing the flow area. The stator 
Inserts and lift ring were built into a sealed plenum that con- 
trols the cooling-air supply to the inserts. The use of parallel 
sidewalls on the stator insert will provide close dimensional con- 
trol between the inserts and the stator sidewall, thus minimizing 
leakage. 

Figure 118 shows the variable sidewall concept with a rota- 
ting-translating stator insert. This concept is similar to the 
rotating-pivoting approach, in that the stator inserts and an act- 
uating ring are also built into a sealed plenum to provide control 
over the cooling-air supply. However, the actuating ring 
(section B-B) has a machined groove with a 3-dimensional cam 
shape, with both a lift motion (view C-C) that axially positions 
the stator insert, and a translating (sliding) motion that allows 
radial positioning of the insert. For conceptual purposes, i 
roller is shown supporting the opposite end of the stator insert. 
However, to facilitate sealing, a sliding contact surface may be 
preferable. 

The aerodynamic analysis of the movable sidewall stator vane 
resulted in loading diagrams that showed both similarities and 
differences to the articulated trailing-edge final design. The 
velocities produced static pressures on the vane suction- and 
pressure-side surfaces at 60-percent and 100-percent power, as 
illustrated in Figure 119. At the 60-percent power condition, the 
pressure distribution was quite similar to that occurring on the 
primary stator design (Figure 107). The only noticeable differ- 
ence in behavior was a deceleration in flow and a rise in static 
pressure aproaching the suction-side trailing edge — a behavior 
that had little impact on the cooling design. The 100-percent 
power suction- and pressure-side static pressures fell off in 
steps towards the trailing-edge and behaved differently than the 
articulated trailing-edge, 100-percent power pressures. It should 
be noted that the continuing presence of higli static pressures on 
the forward half of the pressure-side surface precluded film- 
cooling discharge in this region. Also, on the suction-side sur- 
face [at about 2.03-cm (0.80-in.) surface distance], a region 
existed where pressure is the same at both 60- and 100-percent 
power. This cooling discharge location provided a relatively con- 
stant cooling-circuit pressure drop and flow rate and ensured 
small metal temperature swings from one condition to another. 
Figures 119 and 107 show that the aft region on both suction-side 
and pressure-side surfaces have smaller 60- to 100-percent power 
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pressure clianqcs than with the articulated trail ing-^edge . This 
could also facilitate improved usage of cooling air. 

The velocity solution utilised standard Garrett computer 
tools to derive solutions for turbulent heat-transfer coefficients 
on the airfoil surface. Results for both surfaces are shown in 
Figure 120 at 100- and 60-percent power conditions. The suction- 
side surface heat-transfer coefficients are comparable to those of 
the articulated trail ing-edge design (Figure 108). The levels are 
similar, with the only exception being a reduction in the suction 
gill region heat-transfer rate in the movable sidewall design at 
both power conditions — particularly at the 100-percent power 
condition. It is anticipated that suction-side internal cooling 
geometry and flow rate will be similar in the two vanes and will 
produce similar metal temperature results. The pressure-side sur- 
face heat-transfor coefficients, when compared with Figure 109, 
were noticeably lower behind the stagnation cylinder region and 
rose to similar levels approaching the trailing-edge. For the 
movable sidewall stator, identical pressure-side heat-transfer 
coefficients levels existed at 60-percent and 100-percent power 
for a major portion of the surface, that facilitated cooling-flow 
rate optimization. 

The vane cooling configuration selected for the preliminary 
design concept is shown in Figure 121. It is apparent from Fig- 
ure 119 that film discharge on the pressure-side forward region is 
not achievable due to the lack of preswirl potential, and Is not 
warranted because of low gas-side heat-transfer at this location. 
Further improvements could be made by moving the suction-side, 
leading-edge impingement discharge point further aft, to take 
advantage of the pressure equalization at 50- and 100-percent 
powo r . 


Figure 122 shows the final movable sidewall vane design, 
including the proponed cooling configuration. Problems were 
incurred in the location of vane coolant-discharge. This was due 
to the movable sidewall coverage of the vane suction-side surface, 
and to a lesser extent, to the pressure-side surface (at 
60-percent power) . To take advantage of the pressure cross-over 
point, leading-edge impingement cooling-flow discharge was moved 
as far aft in the gill region as possible. This location is about 
1.78 cm (0.70 in.) from the stagnation point (Figure 119). Com- 
plete optimization of the location is not possible, due to the 
presence of the movable sidewall. Also, an overlap v)roblem could 
occur if the discharge was moved further downstream of the vane. 
Since pressure-surface film coolant was discharged as far aft as 
possible, this potential problem was not incurred. The trail inc- 
edge discharge of suction-side coolant was compatible with tbe 
unique geometry problem of the movable sidewall design. At point 
'A* in Figure 122, the bidewall height on the pressure surface was 
0.41 cm (0.16 in) above the suction-side surface on the same vane 
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Figure 121. A Preliminary Concept for the Movable Sidewall Vane . 
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at the 60-percent powoi: condition. The adjacent movable sidewall 
height tapered back to ^ero at this location. It is anticipated 
that the tr ailing-edge coolant-flow discharge will aid in the 
deflection of main flow from this blockage for part of the vane 
span and will fill in the wake generated by the 0.152-cm 
(0.060-in.) thick trailing-edge over the remainder of the vane 
span. 


Cooling air was supplied to the central cavity of the vanes 
through the sidewalls. Turbulators were located on the pressure- 
side forward section and provided sufficient cooling at this wallf 
since gas-side heat-transfer at this location was low. As in the 
articulated trailing-edge vane design, impingement was used on 
both the leading-edge and the suction-side to provide high inter- 
nal cooling rates in these critical areas. Pin-fin arrays were 
used as shown with spacing tailored to meet augmentation demands, 
upstream of the trailing-edge discharge point, ribs accelerated 
the coolant, and provided increased surface area for effective 
cooling of both vane surfaces. In general, the vane was thick 
enough to provide adequate flow area for near optimum cooling flow 
distribution. Figure 123 presents the predicted cooling-flow dis- 
tribution necessary to produce an average metal temperature of 
1255K (1800®F) and to hold peak values below 1366K (2000“F) . The 
articulated trailing-edge design showed problems with excessive 
temperatures. This was due to flow-rate limitations caused by the 
slender vane profile. However, this design should not incur the 
same limitations, due to its more advantageous shape. Moreover, 
no large swings in metal temperature occurred at the exposed por- 
tion of the leading-edge region at 60-percent power, since the 
coolant circuit held a constant physical flow rate. The 

6.8-percent total coolant usage in the vane at 60-percent power 
was greater than that ol the articulated trailinq-edge vane. This 
resulted in a more constant metal temperature in this portion of 
the vane . 

The portion of the vane covered by the movable sidewall the 
will have significantly lower temperatures at 60-percent power and 
could result in thermal-fatigue problems. However, the extent of 
this problem was not predictable within the scope of the program. 

The sidewall cooling problems were similar to those experi- 
enced with the articulated trailing-edge stator sidewalls. The 
mainstream static pressures on the sidewalls are presented in Fig- 
ure 124 for a midchannel streamline. Film-cooling flow discharge 
was restricted to a region at or downstream of the movable insert 
leading-edge. This resulted in a unique solution to the film- 
cooling problem. The leading edge of the insert was not sealed 
and was sized as a film-cooling slot. This provided a 2.5-percent 
core flow at 100-percent power with a pressure drop as shown on 
Figure 124 of 248 kPa (36 psia’ minus impingement circuit drop on 
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Figure 124. 


Static Pressure Distribution Along the Midchannel Streamline of the 
Rotating-translating Sidewall Stator 







the rear of the sidewall. Forward stationary sidewall cooling was 
the same as the articulated trailing-edge stator cooling and 
allowed an upstream effectiveness of 0.20 and provided rear-side 
impingement. About 50-percent of the 2.5-percent core flow that 
exited this slot came from upstream. The other 50-percent came 
from cooling the movable insert exposed surface internally using 
an impingement method. This core flow was ducted forward to the 
slot. A section of the sidewall downstream of the vane trailing- 
edge was cooled with the additional 0.5-percent core flow. 

At 60-percent power, the available pressure drop at the 
insert leading-edge was reduced. To supplement this flow and to 
hold a constant physical flow, film-ccoling holes were added to 
the insert. These holes are exposed only with downstream rotation 
of the sidewall insert. At 100-percent power, the holes are 
covered and are positioned behind a close-fitting seal on the back 
side of the sidewall. In this condition, no cooling flow exists. 
The holes were sized to provide exits for insert impingement cool- 
ant and to maintain the same total physical flow. At 60-percent 
power, the coolant exiting the leading-edge slot enters from the 
upstream portion of the sidewall. This is illustrated in 
Figure 125. The stationary aft sidewall has two rows of film 
holes located as shown on Figure 124 and uses the same 3.0-percent 
total flow at maximum power. Therefore, the total flow from both 
sidewalls was 6.0 percent at 100-percent power and 10.0 percent at 
60-percent power. With the sidewall heat-transfer coefficients 
shown in Figure 126, the selected flow rates produced the desired 
1255K (1800°F) temperature level on both sidewalls. 
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7.0 TASKS III AMD IV - COOLED ROTOR DETAILED AERODYNAWXC DESIGN 

AND MECHANICAL SU JSTANTIATION 

7 . 1 Cooled Rotor Detailed Aerodynamic Design 

7.1.1 Rotor-Blade Georoehry Definition 

An optimized 1 -dimensional vector diagram was used to estab- 
lish the rotor inlet and exit flow-path dimensions. A preliminary 
estimate of the rotor hub and shroud contour was then defined from 
an analytical curve-fitting routine, with specified coordinates 
established from this diagram. A good initial estimate of the 
contours was obtained by adjusting the curve fit until a smooth 
meridional rotor area distribution was achieved. To complete the 
initial definition of the rotor geometry, a specific blade angle 
and thickness distribution was required. Since the selected rotor 
design was based on a 0.17-radian (10-degree) rotor inlet angle, 
initial estimates of the blade-angle distribution were based on 
previous nonradial rotor -design experience. The main design 
objectives were to simult;::neously optimize rotor velocity distri- 
butions and to minimize Made lean. Initial thickness distribu- 
tion was based on the 2-dimensional, finite-element stress analy- 
sis. These quantities were input to a radial turbine geometry 
program along specified quasi-orthogonal station lines. The 
resultant data matrix vras then curve-fit to define the total blade 
geometry. The geometry program is a modification of an existing 
centrifugal impeller geometry program that allows arbitrary blade 
definition. An advantage to this program is that the nodal-point 
spacing along the station lines could be used to define geometrM 
streamlines for tht> internal flow analysis. Therefore, defining 
the rotor blade-angle distribution along streamlines is more mean- 
ingful from an aerodynamic standpoint. However, from a mechanical 
standpoint, defining blade thickness along the station lines is 
more meaningful. In addition, if unique localized blade thick- 
nesses were required, the station lines could be closely spaced. 
This would provide accurate blade thickness definition. The 
rotor-blade angle distribution defined along the streamlines com- 
bined with the blade thickness definition along the station lines 
form unique nodal points that are input to the geometry program as 
a function of radial and axis! thz fi.'.ai blade 

geometry is defined, the required tooling section coordinates can 
be calculated. The radial rotor geometry program capabilities are 
illustrated in Figu.e 127. 

7.1.2 Rotor Aerodynamic Flow Analysis 

The manner M which the profile directs the gas flow from 
known ir.lct-to- known exit conditions (i.e, blade loading) was used 
as the criterion for determining aerodynamically acceptable blade 
profiles. Acceptable blade loadings were characterized by: 
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o Hi'j’n reaction from inlet to exit. This condition was 
initially established at the rotcr meaniine by main- 
taining 50-percent reaction in the 1-dimensional vector 
diagram optimization. 

o Monotonically increasing midchannel velocities along 
all streamlines. 

o Minimum suction-surface diffusion followed (when pos- 
sible) by rapid acceleration. 

To perform the internal flow analysis, the level and distri- 
bution of losses in the rotor had to be defined. Total stage- 
loss magnitude was determined from the efficiency analysis des- 
cribed earlier. The stator loss was estimated from stator reac- 
tion rig tests, with the remaining loss assigned to the rotor. 
Since rotcr loss distribution in both the through-flow and radial 
directions was difficult to establish, the losses in the through- 
flow direction were assumed linear. For the radial direction, 
previous rotor-exit survey results showed that the radial loss 
characteristics for radial turbines exhibited certain similar 
characteristics. In the hub region the losses were low (due to 
lower loading level) , then progressively increased to about 
80 percent of the blade. Blade losses remained fairly uniform to 
the rotor tip. For the variable-area radial turbine, the radial- 
loss distribution was based on recent test data taken for the 
Garrett Model GTP305-2 Radial Turbine Program. This loss level 
was then adjusted to agree with the predicted performance level of 
the selected design. 

The computer program for the rotor internal flow analysis 
solved the radial-equilibrium equation by satisfying the contin- 
uity, momentum, and energy equations in the meridional plane in 
a manner similar to that described in references »^5) ^ Blade 
surface velocities were computed from the local rate of change in 
moment of momentum, the condition of zero absolute vorticity, and 
linear vj^ocities between suction- and pressure-side surfaces. 
Stanitz'^®' showed that this method produced satisfactory results 
when compared with relaxation solutions of the potential flow 
equation. Numerous iterations between the geometry p.:ogram and 
ttie internal flow analysis program were required to achieve satis- 
factory blade loading for each thickness distribution examined. 

The final rotor flow-path configuration is presented in Fig- 
ure 128. The final rotor blade-angle distribution for a 0.17- 
radian (10-degree) inlet blade angle is presented in Figure 129 as 
a function of percent meridional distance. Also shown are the 
locations at inlet and exit points, where flow deviations from the 
blade were assumed. 
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Figure 128 


Final Variable-Area Radial Turbine 
Meridional Flow Path With Articulated 
Trailing Edge Stator. Shown at 100- 
Percent Power. 
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The rotor inlet deviations are apparently due to rotor rela- 
tive vorticity effects. The location where the flow starts to 
follow the blade is estimated from criteria developed by 
Stanitz(3) and applied to radial turbines by Katsanis (35^ The 
deviations at the rotor exit were even more complex, since the 
rotor relative vorticity effects are compounded by large, sec- 
ondary flow migrations to the rotor-exit tip region. The approach 
used at Garrett to solve this problem assumes that the rotor-exit 
flow is turned to the rotor midthroat angle. The additional 
uncovered downstream turning was the total deviation at each 
radial location. The net effect with this procedure was to assume 
deviation increases from approximately zero at the hub to a rela- 
tively high value at the tip. This accounted for deviations in 
the tip region from the secondary flows. However, the parametric 
study results were based on precise inducer-to-exducer work 
splits. Achieving the exact vector diagrams desired required 
either a significant increase in rotor internal flow knowledge or 
experimental iterations of rotor-exit blade angles. 

The rotor suction- and pressure-side surface velocity distri- 
butions for 60- and 100-percent power are presented in Figure 130 
as a function of meridional distance. At 100-percent power, the 
diffusions were relatively low and were followed by rapid acceler- 
ations. At 60-percent power, the velocity levels and accelera- 
tions were significantly reduced. This was expected and indicates 
why rotor reaction efficiency penalties are required. The rotor 
inlet and exit vector diagrams at hub, mean, and tip are presented 
in Figures 131 and 132. 

7.2 Detailed Substantiation of Cooled Rotor Design 
7.2.1 Mechanical Configuration 

Performance, life, and burst margin are all prime considera- 
tions in the design of turbine rotors; gains made in one area are 
often at the expense of another. This mutual dependency makes 
design optimization difficult and the cooled, variable-area radial 
rotor is no exception. Aerodynamic analysis predictions showed 
that introducing 0.17 radian (10 degrees) of nonradiality in the 
blade would result in noticeable performance configuration 
improvement, hence, nonradial backward-curved blading was used for 
the radial rotor design. As expected, this nonradiality caused 
high bending stress in the blade resulting in decreased dura- 
bility. Thus, maintaining performance gains without sacrificing 
blade life became a major design goal. The following options were 
considered to achieve this goal. 

o Introduction of a rake angle 

o Increased blade surface-to-surface distance; 
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Figure 130. Rotor Blade Velocity Distribution at 60- and 
100-Percent Power Condition (14 Blades). 
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o Insertion of nonsyminetrical blade thickness relative to 
the cooling passage. 

No single method sufficiently reduced stresses to acceptable 
levels. Therefore, several iterations utilizing these options 
were performed until acceptable results were reached. 

The feasibility of using an uncooled turbine rotor was also 
investigated. Results showed inadequate burst margins, and the 
uncooled rotor was eliminated from further design consideration. 

Both 2- and 3-dimensional finite-element models were used in 
these analyses to obtain stress and vibration results. Burst 
margin and life were then calculated based on these results and on 
material properties. 

7.2.2 Rotor Thermal Design Analysis 

7 . 2 . 2 . 1 Rotor Blade Aerodynamic Boundary Conditions 

The cooled variable area radial turbine final design included 
a 1589K (2400*F) turbine rotor inlet total temperature design con- 
straint, resulting in a total relative inlet temperature of 1425K 
(2105*P) and a tip speed of 640 m/s (2100 ft/sec) . The rotor 
speed was 5969 rad/s (57,000 rpm) . The resulting compressor dis- 
charge temperature that served as the coolant source was 716K 
(829*F) . The 17:1 compressor pressure ratio produced a discharge 
total pressure of 1722.3 kPa (249.8 psia) . The variable nozzle 
geometry provided a cycle in which the turbine total inlet temper- 
ature and the rotating group speed remained constant from these 
values at 100-percent maximum power to a 60-percent power level. 
Changes in the rotor inlet vector diagram decreased blade relative 
total inlet temperature to 1359K (1986®F) at 60-percent power. 

It was assumed that 100-percent maximum power represented a 
worst condition from a rotor heat-transfer and life analysis 
standpoint. This was verified at the completion of the design 
phase. Temperature goals for the cooling design were established 
from the stress analysis to exceed 800 hours of life at maximum 
power and provided a 4000-hour mission life. A detailed thermal 
analysis was performed at 60-percent power that verified a reduc- 
tion in environmental severity. 

Aerodynamic solutions based on rot>r inlet conditions, blade 
relative critical velocity ratio along the suction- and pressure- 
side streamlines, and rotor tip inlet conditions, were used to 
predict turbulent heat-transfer coefficients and local adiabatic 
wall temperatures. Standard Garrett computer tools for radial 
turbine rotors were used for this computation. Blade pressure- 
side velocity profile solutions indicated large areas of negative 
velocity (recirculation) in the inducer. The aerodynamic solution 
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technique was not adequate in this region, and the flow field was 
not well-understood. Experimental evidence in the literature 
indicates that true fluid behavior consists of low velocities in a 
downstream direction. Pragmatically, the assumption that a lower 
threshhold value for pressure-side surface velocities of near Mach 
0.10 exists was made for the purpose of predicting inducer heat- 
transfer rates. This provided values that were consistent with 
the design requiremetjts for the design of the rotor cooling 
system. Local heat-transfer coefficient and gas temperature 
values are discussed later in this report. 

7. 2. 2. 2 Geometric Assumptions 

The rotor cooling design was based upon certain assumptions 
concerning the limiting sizes of the geometric features which 
could be used to augment heat-transfer and to provide adequate 
structural rigidity and strength. It was predicated on the use of 
a Garrett-developed laminated construction technique that has been 
used for several existing rotor designs. A selected laminate 
thickness of 0.076 cm (0.030 in.) [in comparison with the thick- 
nesses of 0.038 cm (0.015 in.), 0.051 cm (0.020 in.), and 0.081 cm 
(0.032 in.) currently employed] reflected a restriction to design 
flexibility. This approach appeared feasible when based on an 
assumption that laminates of Mar-M 247 could be produced using a 
slicing procedure, rather than the rolling technique used for 
production of Waspaloy and Astroloy sheets. 

A deviation from the current technique of chemically etching 
each laminate to produce the required cooling passage features was 
necessary with the Mar-M 247 alloy constituents. A laser- 
machining process was selected as a viable technique for producing 
the necessary features. Tests were conducted to assess the feasi- 
bility of this process. A thickness-to-slot width ratio of 5:1 
and angle cuts of up to 0.87 radian (50 degrees) were achieved. 
Small tolerances were possible with existing laser equipment. 
Therefore, a numerically controlled laser-machining process was 
believed to be well within the scope of the program for production 
of laminated parts. The main advantage of the laser technique 
over the etching process was the angle-cutting ability of the 
laser that would allow complex cooling geometries in the turbine 
disk. 


7. 2. 2. 3 Blade Cooling Configuration 

The blade cooling configuration was established at the con- 
clusion of the preliminary design and flow-path selection process. 


A series of studies that examined alternatives for cooling the 
inducer and exducer regions were conducted. With the incorpora- 
tion of laser-angle laminate machining, streamwise flow of inter- 
nal coolant that had not been possible in earlier Garrett designs 
was made possible. The large exducer Beta angle and the restric- 
tion of normal to surface slots in each laminate had previously 
resulted in a requirement for shroud line-discharge of coolant. 
Trailing-edge discharge has been identified as a method for accom- 
plishing exducer cooling without exceeding the cooling flow 
requirements of the serpentine design and also achieving a more 
uniform metal temperature. 

Preliminary 3 -dimensional , finite-element stress analyses of 
the blade (along with stress rupture life calculations that estab- 
lished the maximum allowable blade-wall temperatures) indicated 
the criticality of the inducer region in developing an adequate 
cooling configuration. Prior Garrett experience with cooled 
radial turbines led to the conclusion that the rotor rupture life 
is limited in the inducer region. Efforts to reduce bending 
stresses due to nonradiality led to increased wall-to-wall spacing 
(passage width) in the low- to midinducer. Moreover, the 
increased cooling passage channel height made the establishment of 
high internal cooling heat-transfer rates difficult. Low external 
heat-transfer coefficients on the pressure-side along with high 
values on the suction-side of the inducer were added complica- 
tions. These factors indicated that the inducer region cooling 
circuit design would control the total configuration. Design work 
proceeded on this basis, with each region of the blade examined 
separately. The final overall configuration for internal cooling 
is presented in Figure 133. The primary control of internal cool- 
ing is by metering at the exits to establish flow distribution, 
and by pin-fin arrays density in various regions. 

At the onset of the design procedure, variations in cooling 
flow that might result from changes in blade external aerodynamics 
from 60-percent to 100-percent power were of primary concern. 
Since cooling flow discharges at the inducer tip and at the 
exducer trailing-edge into the mainstream, it was believed that 
static pressure changes at these locations might influence the 
amount of cooling flow rate or internal distribution. Also, 
changes in local flow rates could result in creep-rupture problems 
at either end of the power range. To alleviate this, all dis- 
charge points were metered to a choked pressure ratio, such that 
physical flows internal to the blades were influenced only by 
supply pressure. Increases in the percentage of core flow at 
60-percent power to large values were unavoidable since the heat- 
transfer problem does not change significantly from 100-percent 
power, but physical core flow does. Figure 134 shows the target 
values of passage internal static pressure adjacent to the loca- 
tion shown. This ensured choking for the worst case at either a 
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Figure 134. Coolin^ Passage Internal Pressure at 
Blade Periphery (Choice Discharge 
Orifice Requirement). 
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60- or a 100-percen^ power situation. The final de&ign satisfied 
this goal. 

7. 2. 2. 4 Thermal Analysts Method 

Examination of alternate radial turbine blade cooling circuit 
design schemes showed the importance of in-depth analysis in 
obtaining desired flow distributions in a multiplicity of passages 
connected in series and parallel. At Garrett, the general 
approach for solving flow distribution problems is a computerized, 
compressible flow network analysis. This procedure considers the 
impact of heat-transfer between the coolant and passage surfaces 
for fixed, external-boundary conditions, fluid friction effects, 
the effect of passage rotation about a reference axis, passage 
area changes (including sudden turns, expansions, and contrac- 
tions) , and variations in fluid transport properties. Boundary 
conditions at the passage exit- and inlet-supply locations were 
used with the geometry to define the flow distribution. In con- 
junction with the solutions defining fluid temperatures and pres- 
sures within the cooling circuit, a l-dimensional heat-conduction 
solution yielded passage inner- and outer-wall surface temper- 
atures at discrete points along each fluid passage centerline. 
These solutions for blade wall temperatures were then used to make 
accurate estimates of final steady-state blade temperatures occur- 
ring at the 100-percent, maximum power operating condition. The 
resultant blade metal temperatures were used for stress and life 
analyses. 

7. 2. 2. 5 Blade Cooling Passage Design 
7 . 2 . 2 . 5 . 1 Hub Supply Passage 

Cooling air was ducted to the rotor from compressor discharge 
downstream of the diffuser through a structural path and between 
labyrinth seals at the rotor front face. These labyrinth seals 
provided a pressurized cavity that allowed cooling flow to enter 
the hub supply passage at a radius of approximately 5.1 cm 
(2.0 in.). The pressure available at the rotor inlet hole was 
assumed equal to compressor discharge pressure. 

The hub cooling-air supply passage has an equivalent diameter 
of 0.38 cm (0.15 in.). Beyond the laminated blade ring and 
approaching the airfoil, the diameter of the passage increased 
significantly. Cooling air entering at the airfoil base exper- 
iences a decrease in velocity due to the large passage height at 
this location. As stated previously, the pressure-side heat flux 
is not great, but suction-side external velocities are high enough 
to require promotion of internal cold-side heat transfer. A tur- 
bulence-promoting pin-fin array with a 4- by 4-diameter spacing of 
0.076 cm (0.030 in.) dimension pins adequately cools the suction- 
side wall. A slight overcooling of the pressure-side surface was 
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unavoidable. The geometry selected for this region of the blade 
(Zone 1) is shown in Figure 135. The temperature requirements for 
adequate rupture life in this region precluded the use of turbu- 
lator ribs that otherwise could be used to control suction- 
sidewall temperatures without overcooling the pressure-sidewall. 

A parametric study was conducted to determine if the supply 
region design (with minor flow variations in individual passages) 
would affect the supply region pressure level and hence < other 
portions of the blade. It was determined that the design was 
relatively insensitive to this behavior r a fact that was advan- 
tageous in the design process — particularly in maintaining flow 
balance with normal hardware tolerances. 

The downstream portion of the supply passage (Zone 2) that 
entered the inducer had a greater density of pin fins (3- by 
3-diameter array) . External gas temperatures and bending stress 
in this region were primary -:oncerns during the design process. 

7. 2. 2.5. 2 Inducer Passages 

Adequate cooling of the inducer region of the blade was dif- 
ficult with the 4000-hour mission-life stress-rupture goal. Dense 
pin-fin arrangements In both the forward and aft inducer passages 
inducer were required to achieve sufficient internal heat-transfer 
rates. As the gas temperature external to the airfoil increased 
with the increased radius, a rise ii. internal-coolant temperature 
occurred due to heat pickup and the solid-body pumping effect. 
The design selected for the inducer passages is shown in 
Figure 136. Greater than 40-percent total blade coolant was 
required to cool this region — despite the fact that it constituted 
less than 15 percent of the blade surface area. 

Based on early 3-dimensional blade sttess results, target 
temperatures to obtain 800 hours of 100-percent power stress rup- 
ture life were established (Figure 137). This figures shows the 
temperatures calculated from channel flow and 1-dimensional heat 
transfer for each passage for the final flew rate selected. It is 
apparent that considerable margin exists between required maximum 
temperatures and those achieved, but it should be noted that this 
margin is at a minimum with a radius of 10.2 cm (4.0 in.). Final 
life analysis of the entire blade revealed that stress-rupture 
life was minimum at that radius and exceeded the design goal* 

7. 2. 2. 5. 3 Inducer Tip 

Inducer tip cooling was also a problem in that high- 
stagnation region external heat-transfer rates existed in combina- 
tion with poor internal-to-external surface ratios. This problem 
could be alleviated by using impingement cooling techniques and 
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Figure 137 . Inducer Wall Target Temperatures Versus 
Achieved Temperatures. 


the geometries shown in Figure 138. Impingement at the leading- 
edge provided the high level of coolant side heat-transfer coef- 
ficients necessary to obtain acceptable metal temperatures. After 
impingement, the "spent" air was axially discharged through slots 
along the shroud line and backface. Coolant discharged at the 
shroud line tended to reduce the effective gap between the blade 
and the shroud and hence, improved aerodynamic performance. Cor- 
respondingly, coolant discharged at the backface tended to fill 
the gap between the blade hub and the adjacent part, and produced 
similar aerodyneunic performance improvements. 

The location of these impingement coolant discharge slots 
resulted in a straight-through passage that can be visually 
inspected and easily cleaned. Severe rub can occur on either the 
shroud or hub line if axial clearances are not properly estab- 
lished. However, it is doubtful that severe rub could occur on 
both the shroud and hub in any given rotor. If the rub was suffi- 
ciently severe, the coolant discharge- passage could be partially 
closed, restricting coolant discharge at that location. This pre- 
sents another advantage of this design, sirice the system works 
reasonably well with either the hub or the shroud discharge loca- 
tion completely closed. This resultant blockage could be removed 
easily at overhaul. Another advantage of this leading-edge 
cooling scheme is that the blade remains integral, even with 
severe leading-edge erosion or damage. 

With the very high impingement heat-transfer rates achieved, 
the leading-edge portion average metal temperature was 1166K 
(1640®F) at 100-percent power and 1105K (1530*F) at 60-percent 
power. As shown, the leading-edge was 0.102-cm (0.040-in.) thick 
and had a high heat flux that produced surface-to-surface tempera- 
ture differences of lOOR (180“F) at 100-percent power and 83K 
(150“F) at 60-percent power. 

An alternate design for future consideration would increase 
the leading-edge width from the current value of 0.178 cm 
(0.070 in.) to approximately twice that value, then taper down to 
normal inducer width. This could be accomplished by increasing 
the passage size rather than by making significant changes in the 
wall thickness. This change would have significant thermal advan- 
tages and would have no serious effect on aerodynamic performance. 
A reduction in hot-side heat-transfer due to an increase in 
"cylinder" size and improved cooling-surface area ratio would also 
be possible. 

7. 2. 2. 5. 4 Exducer Region 

Internal cooling of the blade exducer region was generally 
easier than the inducer region because of the reduction in rela- 
tive gas temperature experienced with reduced radial turbine 
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Figure 138. 


Inducer Tip Cooling Configuration with Impingement 
Cooling Techniques. 
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radius. Again, temperature goals were established using the pre- 
liminary 3-dimensional stress analysis results. The region was 
divided into four separate streamwise flow channels (Figure 139). 
The flow passage height variation was not extreme in this region 
and presented no particular difficulties. Each passage contained 
pin-fins distributions in array densities that increased closer to 
the trailing-edge » with the coolant temperature rising with heat 
pickup. The pin fins were 0.076 cm (0.030 in.) in dimension and 
extended the full height of the flow passage. The passage fol- 
lowed the blade contour with equal suction- and pressure-side wall 
thicknesses to the extent possible, and 0.076-cm (0.030-in.) thick 
laminates laser-machined at prescribed angles. 

The partitions between exducer passages were formed by 
0.102-cm (0.040-in.) thick walls. As previously discussed, the 
exit holes for each passage have choked pressure ratios for both 
the 60- and 100-percent power conditions. Hole sizes ranged from 
0.061 cm (0.024 in.) to 0.053 cm (0.021 in.) at the passage ter- 
minations. 

The lower passage flow was sized at 0.75 percent for 
100-percent power to reflect the required blade wall cooling. 
This flow could be increased if a 3-dimensional heat-transfer 
analysis indicated that benefits could be achieved by cooling the 
hub rim. 


7. 2. 2. 6 Thermal-Analysis Results 

Final design cooling-flow distributions for the 100- and 
60-percent power conditions are presented in Figure 140. Again, 
it should be noted that the same physical cooling-flow rate exists 
at both conditions, with changes occurring only in the mainstream 
flow rate. Temperatures were computed throughout the blade for 
internal and external surfaces of the pressure- and suction- 
sidewalls using the cooling circuit analysis computer program. 
These temperatures were adjusted to reflect the proximity of ribs 
and other interwall connections that were significant from a 
thermal-conduction standpoint. Resulting temperature distri- 
butions used for the ?-dimensional stress analysis and life pre- 
diction for the four blade surfaces and the axisymmetric portion 
of the rotor are shown in Figures 141 through 145. These tem- 
peratures arc for 100-percent power, steady-state only. 

Pertinent values resulting from the thermal design of this 
turbine at 100-percent power were as follows; 
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Figure 139, Exducer Cooling Passage Configuration, 
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Figure 140. Fina?. Potor Cooling Flow Design (Percent of Core 
Flow at 60- and 100-Percent Power). 
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Figure 141 . Pressure-Side External Surface Temperature 
Distribution at 100-Percent Power. 
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Suction-Side External Surface Temperature 
Distribution at 100-Percent Power. 
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would also reverse (his effect at other areas of the blade. 
Figure 148 illustrates the relationship between the rake angle and 
the nonradiality . This rake-angle effect can result in stress- 
pattern changes in the blade, i.e., the blade-bending stress is 
lowered in one region, but increased in others. Thus, an optimuw 
rake angle could help reduce the magnitude of peak stress, but 
would not resolve the problem completely. In a reexamination of 
the beam theory, an attempt was made using a nonsymmetr ical 
thickness distribution with respect to the cooling passage of the 
blade. This asymmetry ultimately shifted the neutral axis to 
either the pressure-side or suction-side surface, as desired. 
However, this design variation has limitations and also increases 
complications in the cooling scheme. No single method signif- 
icantly reduces bending-stress magnitude but each contributes. 
Therefore, a combination of the above options appeared to be a 
successful approach. 

Using this concept, a definition of the blade configuration 
was reached. This configuration had an 0.26-radian (15-degree) 
rake angle, an unbalanced wall-thickness distribution (i.e., wider 
at the pressure-side than at the suction-side), as shown in Fig- 
ures 149 and 150, and a tapered hub-to-shroud external contour. 
The overall wall thickness (i.e., pressure-side and suction-side 
combined) is shown in Figure 151. The actual surface-to-surface 
distance differs from the total thickness as shown in Figure 152, 
due to the variance in cooling passage height. Ribs and pin-fins 
were inserted between two walls to direct cooling Jlow to ensure 
structural integrity. 

7. 2. 3. 2 Disk Configuration 

The final disk geometry was determined from the flow-path 
definition, neighboring components, and material properties. The 
major design parameter was the bore diameter, since a complete 
engine for this design was not availabl-'. This was set at 4.32 cm 
(1.70-in.) to accommodate front drive from the power turbine. The 
other design parameter considered was the location of the bond 
line that united the Mar-M 247 and Astroloy alloys. Since Astro- 
loy has higher tensile properties than Mar-M 247, it was selected 
for the major portion of the disk. It was decided to locate the 
bond line at as large a radius as possible. Also, a limitation 
existed with the strength capabilities of the bond joint. The 
latest material technology indicates that a bond joint will demon- 
strate the same strength capabilities as its parent material, but 
should carry as small a load as possible. For the selected con- 
figuration, the disk radial stress was less than 345 MPa (50 ksi) 
at the bond line. Therefore, a failure due to bond separation was 
not considered a problem. 
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Figure 149. Suction-Side Surface Wall Thickness Distribution, 
Final Configuration. 








7 , 2 . 3 . 3 S tress Ana,. ’ sj. s 

Both 2- and ?.-dimensional finite -element models were used to 
obtain stress results. The 3-dimensional model accurately simu- 
lated the blade curvature and the cooling-passage geometry in the 
blade and also included the disk geometry. The 2-dimensional 
model was a quicker, more cost-effective method to correctly pre- 
dict stress for the axisymmetric region in the disk hub. These 
two models are illustrated in Figures 153, 154 and 155, respec- 
tively. 

Two different operating conditions were of major interest for 
the turbine and were simulated in the analyses. The first was for 
the turbine rotating at a speed of 5969 rad/s (57000 rpm) with a 
uniform temperature of 294K (70*F). The second was the maximum 
power, sea-level, static condition. Previous design experience 
indicated a probable stress-range increase in the turbine during 
mission-transient, but was not taken into account in the design 
substantiation. 

Figures 156 through 159 represent the equivalent elastic 
blade stresses for an initial nonoptimized design for the uniform 
temperature, rotating condition. A large stress magnitude 
1813 MPa (263 ksi) and gradient were observed at the pressure-side 
external surface and clearly indicated the nonradiality bending 
effect. Figures 160 through 163 represent the equivalent blade 
stresses at uniform temperature rotating condition of the final 
design. This magnitude reduction was significant when compared 
with previous results, and was attributed to an increase in cross- 
sectional area bending stiffness. The stress gradient was attenu- 
ated at either horizontal-thickness or a span-wise direction, and 
was attributed to both the rake angle and the asymmetric blade 
thickness. Regional-stress concentrations were due to modeling 
limitations. Figures 164 through 166 represent the disk-bore 
stresses at the same running conditions as the initial design. 
The maximum tangential and equivalent bore stresses were 1082 MPa 
(157 ksi) and 1151 MPa (167 ksi), respectively. Figures 167 and 
168 show the equivalent blade stress for the final design at maxi- 
mum power state. As expected, the stress gradient was accentuated 
by the applied temperature gradient. Localized high-magnitude 
stresses were also observed in this calculation. These high 
stresses were attributed to the temperature distribution and grad- 
ient calculated by the 2-dimensional thermal analysis. It is 
believed that these high stresses could be minimized by performing 
a full 3-dimensional thermal analysis to smooth the temperature 
gradient. Figures 169 through 171 represent the disk stresses at 
the maximum power state. The maximum tangential and equivalent 
stresses at the base were 1289 MPa (187 ksi) and 1310 MPa 
(190 ksi), respectively. 
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F igure 153. 


2-Dimensional 
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Stress Model. 
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Figure 157. Initial Turbine Design Blade Pressure-Side Internal 
Surface Equivalent Stress at 5969 tad/s (57,000 RPM) 
Uniform Temp - 294K (70 *F) . 
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Blade Pressure-Side Internal surface Equivalent 
Stress, Optimized Design at 5969 rad/s 
(57,000 RPM) . Uniform Temp - 294K (70 P) . 



(n) 138 



Figure 162. Blade Suction-Side Internal Surface Equivalent 
Stress, Optimized Design at 5969 rad/s 
(57,000 RPM).. Uniform Temp - 294K (70*P) . 
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STRESS. MPa (KSI) 


Pigute 163. Blade Suction-Side External Surface Equivalent 
Stress, Optimised Design at 5969 rad/s 
(57,000 RPM). Unifcrm Temp - 294K (70*P). 





Figure 164. Initial Design Disk Radial Stress at S969 rad/s 
(57,000 RPN). Uniform Temp - 294K (70‘^F). 
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Figure 166* Initial Design Disk Equivalent Stress at 5969 rad/s 
(57,000 RPM). Uniform Temp - 294K (70*P). 



Figure 167. Final Design Blade Pressure-Side External Surface 
Equivalent Stress at 100-Percent Power. 
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STRESS, MPa (KSI) 


Figure 168. Pinal Design Blade Suction-Side External Surface 
Equivalent Stress, Optimized Design at Maximum 
Power . 
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Burst margin is calculated ast 

BM 




85 


*^TANG 

'^OLT 


where : 


BM « Burst margin 
0.85 ■ Material utilization factor 
‘^TANG * Average disk tangential stress 
<r|jLT * Average disk material ultimate strength 

Using the stress results and Astroloy tensile properties, the 
burst margins at 100-percent maximum power and whirlpit-test con- 
ditions were computed as 1.23 and 1.25, respectively. These burst 
margins are acceptable to Garrett for a preliminary turbine rotor 
design. 

7. 2. 3. 4 Vibration Analysis 

A 3-dimensional finite-element model with airfoil section 
only was used to obtain blade-vibration characteristics. Two run- 
ning conditions (as defined by the stress analysis) were analyzed, 
and natural frequencies and vibration-mode shapes were examined. 

Figure 172 presents a Campbell diagram indicating the inter- 
ference between the blade natural frequencies and the engine exci- 
tation orders at room temperature that will be of interest for the 
build and test of turbine hardware. Figure 173 shows a Campbell 
diagram at the 100-percent power condition. Figures 174 through 
178 illustrate the first mode shapes for the pressure- and 
suction-side of the blade. The fundamental frequencies fall 
between the Sth and 6th engine orders. In previous turbine-design 
experience, a blade with a fundamental frequency higher than the 
4th engine order should not have vibration problems — provided the 
higher natural frequencies do not interfere with integral multi- 
ples of stator count. 

7. 2. 3. 5 Life Analysis 

o Blade Stress-Rupture Life - For a 4000-hour total mis- 
sion life, the following duty cycles are required to 
meet the blaue stress-rupture life goals: 

Power (%) Time (I) 


100 

20 

60 

50 

55 

20 

35 

5 

Idle 
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Figure 176. 


Node Shape No. 3 with Normalized Displacements 
at 5969 rad/s (57,000 rpm). 



\ 

i 


259 




The minimum stress-rupture blade life at the maximum 
power condition is 2570 hours. This number was calcu- 
lated by increasing the average-section radial stress 
from the 3-dimensional analysis by 20 percent, and was 
based on prior Garrett experience with both radial and 
axial turbines. This accounted; for locally high stress 
influences and possible geometry variations from blade 
to blade, h corresponding section average temperature 
plus 28R (50*F), and the -3o- stress-rupture properties 
of DS Mar-M 247 were used to calculate a conservative 
rupture-life estimate. This calculation was performed 
at various sections until a minimum life was identified. 
The critical area in this design was located at a radius 
of 10.2 cm (4.0 in.) near the Inducer tip and displayed 
a stress of 269 MPa (39 ksi), with an associated metal 
temperature of 1128K (1570**F) . 

The same procedure was used to calculate rupture damage 
at other critical power points. At 60-percent power, 
despite a rotor total inlet temperature remaining at 
1589K (2400®F), the blade relative total temperature 
dropped over 56K (100®F) at the maximum power point. 
Internal and external heat-transfer rate changes 
resulted in a decrease in metal temperature of approxi- 
mately 33K (60®F) . Even with greater mission time, rup- 
ture damage at 60-percent power was substantially less 
than that shown at 100-percent power. With a linear 
damage accumulation, the total mission life of the rotor 
was 8500 hours. 

Bore LCF Life - Bore LCF life is determined by the 
stress range endured during each mission cycle. To 
determine the stress range, total knowledge of engine- 
operating environmental-boundary conditions along with 
a specific engine design is required so that thorough 
transient-thermal and stress analyses can be made. 
Transient analysis is not available since this was 
beyond the scope of this study. However, a 1310 MPa 
(190 ksi) stress range was assumed, and was the maximum 
pseudo-elastic bore stress at the full-engine-power 
condition. 

Neuber equations that relate a nonlinear and history- 
dependent stress/strain behavior of notch roots to the 
nominal stress and strain of surrounding material were 
used to refer pseudo-elastic calculated stress to uni- 
axial tensile specimen data. The calculations indicated 
that the disk would have a minimum life of 2000 engine- 
start cycles. 


The established design goal in conjunction with the 
4000-hour mission life was 4800 cycles. Improvements in 
the existing design could be made by a reduction in peak 
bore stress if the bore diameter were decreased. This 
diameter is not considered a hard, fixed value and could 
be optimized in further engine studies. However, this 
was beyond che scope of the present study. 

o Blade HCF Life - Blade HCF is not considered a problem 
for this turbine because the blade fundamental frequency 
is above the 5th engine order, and the selected stator 
count avoids excitation of the blade vibration. 

7. 2.3. 6 Rotor Design Conclusions and Recommendations 

The current design incorporating a nonradiality concept suc- 
cessfully solved blade-stress problems. Further improvements can 
be achieved with a detailed final mechanical design effort. 
Although the bore life does not meet the 4000-cycle turbine life 
requirement, improvements can be made by modifying the disk geo- 
metry in a full-scale engine-design program and by conducting 
detailed transient-thermal and stress analyses. 

Blade cooling-flow passages are a vital part of the current 
design. However, without a complete 3-dimensional thermal anal- 
ysis it is difficult to achieve an accurate blade-temperature 
distribution and thermal-stress analysis. Finally, material pro- 
perties used in this design and analysis were based on current 
available test data. With the material technology advancements 
that are expected by 1988, the present turbine design durability 
is likely to increase substantially. 
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8.0 FINAL PERFORMANCE EVALUATION - SELECTED COOLED, VARIABLE- 

AREA RADIAL TURBINE DESIGN 

Upon completion of the detailed aerodynamic design and 
mechanical substantiation phase of the Cooled, Variable-Area Rad- 
ial Turbine Program, turbine performance was reanalyzed for the 
entire duty cycle (50- to 100-percent power). As previously indi- 
cated, the duty-cycle performance optimization was based on iter- 
ating the 100-percent power vector diagram until acceptable part- 
power characteristics were achieved. The predicted duty cycle 
efficiency characteristics are therefore based on the selected 
100-percent power vector diagram, geometry, and efficiency level. 
The optimized one-dimensional vector diagram is presented in Fig- 
ure 72, and the final stage meridional geometry is shown in Figure 
128. A detailed estimate of the 100-percent power efficiency, 
starting with the specific speed correlation (Figure 1), is pre- 
sented in Table X. The part-power efficiency characteristics 
were predicted using the techniques described in Section 3.2. 
Additional aerodynamic and cooling flow effects established during 
the program were applied to arrive at the duty cycle performance 
characteristics shown in Figure 179. The interturbine duct loss 
correlation shown in Figure 4 was applied to obtain the overall 
cooled, variable-area radial turbine system performance. 

Table X shows that the major loss associated with the 
uncooled stage total efficiency is due to the combined effects of 
rotor shroud and backface clearance (-4.67 points). However, 
based on previous Garrett radial turbine designs, further reduc- 
tions in these clearance values are not considered realistic. 
With fixed backface and shroud clearances, the performance pen- 
alties are directly related to rotor inlet and exit passage 
height. The rotor inlet passage height (b 4 ) is established from 
continuity with the inducer tip radius (set by rotational and tip 
speeds) and a specified absolute flow angle (a 4 ). The absolute 
flow has already been increased from 72.0 to 75.0 degrees to mini- 
mize the passage width reduction which resulted from the turbine- 
compressor speed study (Section 5.1). Therefore increasing abso- 
lute flow angle further (say to 80.0 degrees) would increase the 
rotor inlet passage height and reduce clearance penalties. The 
problem with this approach is the uncertainty associated with the 
additional stator turning and trailing edge blockage which result 
from the higher flow angle (assuming the vane trailing edge thick- 
ness is fixed). If the vane exit blockage losses are similar to 
that experimentally determined for the axial stator, this approach 
would result in an unfavorable tradeoff. 

Although extensive test data are not available for radial 
stators, Calvert(ll) reported a 0.3 point reduction in efficiency 
for an increase in radial stator blockage from 4.0 to 14.0 per- 
cent. This result indicates that the radial nozzle is less sensi- 
tive than axial nozzleu to blockage effects. However, further 
radial nozzle test data are needed before a meaningful performance 
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TABLE X. ESTIMATED COOLED, VARIABLE-AREA RADIAL TURBINE 
EFFICIENCY FOR SELECTED STAGE CONFIGURATION 
WITH ARTICULATED TRAILING EDGE STATOR CONCEPT 
(100-PERCENT POWER). 


STAGE EFFICIENCY 


Effect 

’^T-t/ 2-5 

^’’t-t/ 2-5 

Base efficiency from specific speed 
correlation 

0.945 


Reynolds number effect at 
Rg • 3.73 X 105 

0.947 

•l•0.0018 

Rotor inducer incidence effects 

0.943 

-0.0041 

Shroud clearance effects at 
0.038 cm (0.015 in.) 

0.911 

-0.0318 

Rotor backface clearance effect 
at 0.076 cm (0.030 in) 

0.896 

-0.0149 

Rotor blade number effects: 
Nb - 14 

0.891 

-0.0060 

Rotor backface disk friction for 
N > 5969 rad/s (57,000 rpm) 

0.885 

-0.0063 

Rotor reaction effects 
(Rstg • 0.638) 

0.885 

0.000 

Rotor exit hub blockage 
effects at Bg • 0.347 

0.880 

-0.0045 

Uncooled total-to-total stage 
efficiency, ’Jt-t/2-5 

0.880 


Variable-stator leakage effect 
0.013 cm (0.005 in.) endwall 

0.880 

0.0 

clearance 



Stator and rotor cooling flow 
effects 

0.866 

-0.014 

Cooled stage total-to-total 
stage efficiency with leakage 

0.866 


Interturbine duct, (AP/pj5-6 » 0.060) 

0.833 

-0.033 

Cooled system total-to-total 
efficiency, ’)t-t/2-6 

0.833 
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Figure 179 . 




tradeoff between stator blockade and rotor inducer clearance can be 
• established. The situation is siailar at the rotor exducer, that 
is, as the rotor exit passage height is increased to minisise 
clearance effects, blade turning and trailing edge blockage 
increases. Although analytical results in conjunction with rotor 
exit survey traces indicate the radial turbine is less sensitive 
than axial rotors, experiaental data are not available. 

Future reductions in clearance penalties nay be possible with 
innovative shroud treatnent concepts. Shroud treatnent methods to 
minimize clearance effects for axial turbines have been evaluated 
with promising results but have not yet been applied to radial 
turbines. The use of a shroud and backface clearance treatnent 
appears feasible for radial turbines, but was not attempted for 
this study since extensive experimentation and analysis to verify 
and optimize the concept would have been required and was beyond 
the scope of this program. 

Performance improvements could also be projected for the low- 
aspect ratio variable-area stator. Sidewall contouring and forced 
work distribution (to unload the vane sidewalls) have been suc- 
cessfully applied to axial turbine designs over the past few 
years. These methods should also apply to radial turbine stators. 
Although sidewall contouring was used with the variable-area 
stator concepts, no additional performance credit was assigned, 
since the stator was an integrated design and identification of 
sidewall contouring effects alone would be difficult to assess in 
the follow-on test program. 

The performance penalty for the articulated trailing-edge 
stator endwall leakage is predicted to be zero at 100-percent 
power since the pivot angle is equal to the average vane exit 
angle (Equation 6 on page 77). However, Figure 95 shows that, 
although the trailing edge loading is relatively low at 100- 
percent power, zero leakage is not expected. This again illus- 
trates the uncertainties associated with predicting the perform- 
ance of the variable-area radial turbine without meaningful exper- 
imental data. 

The predicted performance penalty for all cooling flow 
effects is -1.4 points at maximum power. The majority of the 
cooling flow penalties are associated with either stator cooling 
or rotor external cooling which is introduced into the rotor main- 
stream flow (see Section 5.2). Since the models for these cooling 
flow effects were based on previous radial and axial turbine 
experimental data, these predictions are considered reliable. 

Therefore, the major uncertainty is associated with the 
effect of rotor internal cooling flow. The final rotor internal 
cooling flow distribution and design is shown in Figure 140. This 
design shows 5.95 percent cooling flow introduced at a rotor back- 
face radius of 4.953 cm (1.950 in.). The cooling flow is divided 


in the inducer hub region: 2.6 percent is directed to the inducer 
tip, and the remainder is directed to the exducer trailing edge 
through four separate passages. In order to achieve the effi- 
ciency shown in Table X, the pumping work required to deliver the 
cooling flow to the inducer and exducer regions must be offset by 
either expansion work (derived from the cooling flow upon entering 
the rotor mainstream flow in the inducer region) or by a reduction 
in rotor tip clearance effects (due to the cooling flow discharg- 
ing into the clearance area in the exducer region) . Since the 
rotor internal cooling flow scheme used for the detailed para- 
metric study (Figure 42) differs considerably from the final 
fcheme derived from the detailed rotor mechanical design (Fig- 
ure 140), the logic for the prediction of the final rotor internal 
cooling flow effects must be reevaluated. 

Assuming no preswirl of the rotor internal cooling flow, the 
inducer pumping work is 2.38 percent of the turbine output and the 
exducer pumping work is 0.985 percent. However, if the cooling 
flow is preswirled to the rotor cooling flow entry wheel speed 
(295.6 m/s, 970 ft/sec), the inducer cooling flow pumping work is 
reduced to 1.87 percent and the exducer pumping work is reduced to 
0.33 percent which results in a total reduction in turbine output 
power of 2.2 percent (again assuming no offsetting effects). 

The total effect of preswirl alone, therefore, is an increase 
in turbine output of 1.165 percent. Since there appears to be no 
fundamental mechanical or aerodynamic problems associated with 
incorporating the cooling flow preswirl (equal to rotor wheel 
speed), the application of preswirl is implicit in the follow-on 
test program described in Section 9D. 

Even with preswirl vanes, however, there is still a 2.2 per- 
cent decrement in efficiency between what is predicted by the 
cooling flow model and the remaining pumping %rork required. In 
the inducer region, 1.87 percent pumping work must be offset by 
either cooling flow expansion work after entering the rotor main- 
stream in the inducer region, or by a reduction in backface and 
exducer shroud clearance effects. If the inducer cooling flow 
expansion work is similar to that measured for the introduction of 
shroud and backface seal cooling flow in the inducer tip region 
(which was 55 percent effective), this will offset 1.03 percent of 
the required inducer pumping work. The remaining 0.83 percent 
inducer pumping work must be offset by a reduction in backface and 
inducer shroud clearance effects. This reduction is considered to 
be realistic in the light of previous axial turbine tip discharge 
cooling flow test data. In the exducer, the rotor trailing edge 
discharge cooling flow must offset 0.33 percent cooling flow pump- 
ing work. Based on previous inhouse axial turbine experimental 
data with rotor trailing edge discharge, this is also considered 
to be realistic. 


The 6.0-percent inter turbine duct total pressure loss at max- 
imum power is derived from the loss inodel presented in Figure 4. 
This model was based on typical interturbine duet configurations 
with struts and swirl. Alternate interturbine duct configurations 
are certainly possible and should be investigated in future pro- 
grams. For instance, the duct struts could be eliminated with an 
articulated downstream power turbine vane. The leading-edge por- 
tion of the vanes would then be used to support the duct hub con- 
tour. 


The turbine efficiency characteristics from 50- to 100- 
percent power are presented in Figure 179. The reduction in effi- 
ciency at lower power settings is due to an increase in stator and 
rotor losses at constant speed and pressure ratio. The stage 
reaction effect is due to a reduction in rotcr exit relative vel- 
ocity as through-flow is reduced. This effect could be minimized 
by increasing reaction at maximum power (higher rotor exit swirl 
and velocity). However, duct loss would increase rapidly and 
would offset the gains achieved at part-power. (For example, 
reducing reaction effects by 0.25 point at 50-percent power would 
decrease performance at 100-percent power by 1.0 to 1.5 points.) 


9.0 FOLLOW-ON TEST PROGRAM PLAN 

9.1 Proqtaim Obiectiv 

Th« Variablft-Area Radial Turbine follow-on teat program plan 
will consist oft 

o Completion of detailed design} 

o Preparation of fabrication drawings; and 

o Fabrication and aerodynamic testing. 

The overall program objective is to establish the performance 
potential of the cooled, variable-area radial turbine concept 
within a 30-month period. The test program will consist of the 
following tasks: 

o Task I - Completion of detailed design and preparation 
of rig detail drawings; 

o Task II - Test-rig hardware fabrication; 

o Task III - Overall stage performance evaluation for both 
the articulated tralling-edge and movable sidewall 
variable-area radial turbine design concepts; 

o Task IV - Analysis of stage results; 

o Task V - Detailed flow measurements at both stator and 
rotor exit planes; and 

o Task VI - Detailed flow measurements. 

9.2 Teat Rig Description 

The variable-area radial turbine test rig will be similar to 
previous Garrett radial turbine test rigs. The rig will consist 
of an inlet plenum that will house a pressure-drop screen and flow 
straightening tubes to ensure uniform flow through the turbine 
test component. The test-rig turbine rotor will be overhung on a 
double spring-loaded ball-bearing assembly. This design precludes 
skidding of the ball bearings and makes assembly and disassembly 
of the rig more straightforward when compared to a straddle- 
mounted design. For the variable-area laminated rotor, a tie bolt 
will be used to simplify assembly and disassembly. 

The turbine exhaust duct will be connected via an adapter to 
an adiabatic mixing duct, which in turn will be connected to the 
plant vacuum system. When the rig is mounted on the test stand. 


the rotor shaft will be connected first to a reduction gearbox and 
then to a power absorption dynamometer. For the variable'area 
radial turbine testf a high-speed torque meter will be installed 
between the rig and the reduction gearbox. 

Plant air will be blended to the desired inlet temperature 
upstream of the turbine plenum, then pass through an air filter. 
The mass flow will then be measured using an orifice plate. Fur- 
ther downstream, a portion of the flow will be directed to smaller 
air lines for cooling flow simulation, as shown in Figure 180. 

9.3 Overall Turbine Performance Measurement Instrumentation 


Aerodynamic and mechanical instrumentation will be provided 
for determining overall turbine performance and for monitoring 
test-rig integrity. Table XI lists the instrumentation that will 
be incorporated into the test rig for overall performance defini- 
tion. Overall stage performance for the cooled rotor will be 
evaluated over a range of: 

o Corrected speeds; 

o Stage total pressure ratios; 

o Stator area ratios; and 

o Cooling flow rates. 

To obtain detailed stator and rotor exit flow measurements, 
use of a sophisticated probe actuator system will be required. 
Garrett has developed a microcomputer-controlled survey actu- 
ator/data acquisition system for use in fan-rig testing. A more 
compact and versatile version of this system is scheduled for 
development in 1981 for use in compressor and turbine testing. 
This modified version of the survey system will be available for 
use in the cooled, variable-area radial turbine testing program. 

9.4 Program Plan 

Figure 181 is the program schedule and shows cospletion of 
the first-stage performance testing in 18 months, detailed flow 
measurements in 26 months, and culmination with the submission of 
the final report in 30 months. 
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TABLE XI. INSTRUMENTATION FOR OVERALL TURBINE PERFORMANCE. 




D«8cr iPtion/Locatlon 
Turbine inlet 

Turbine inlet 
Turbine inlet 

Turbine inlet 

Turbine inlet 

Rotor backface clearance 
probes 

Rotor shroud axial 
clearance probes 

Rotor shroud radial 
clearance probes 

Rotor exit shroud 

Rotor exit hub 

Rotor exit 

Rotor exit 

Downstream adiabatic duct 

Downstream adiabatic duct 
High-speed torque meter 


Rosemont temperature 
sensors 

Thermocouples 

Total pressure 
(Kiel probes) 

Survey probe 

Static pressure 

Capacitance 

Capac itance 

Capacitance 

Static pressure 

Static pressure 

Total pressure 
(Kiel probes) 

Cobra survey probes 

Rosemont temperature 
sensors 

Thermocouples 

Phasemeter 
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MONTHS (ARO) 


raOORAM TASKS 


DBBDQDQDDBDISISISISISIEQCSI3SS3SSISI 


TASK I - TURBIIK AND RIG DESIGN 

> COMPLETE DETAILED TEST DESIGN 

> VARIABLE STATOR DESIGNS 

- STAGE RIG DESIGN 

- ODOLED ROTOR DESIGN 
TASK II - MG HAROIVARE FAB 

- STAGE RIG 

- COOLED ROTOR 

> VARIABLE'AREA VANES 
TASK III - FIRST-STAGE TESTING 

- ARTICULATEO TRAIUNG-EDGE STATOR 

- COOLED ROTOR 

TASK IV - SECOND-STAGE TEST 

- MOVABLE SIDEWALL STATOR 

TASK V - DETAILED FLOW MEASUREMENTS 
TASK VI - ANALYSIS AND RECOMMENDATIONS 

- ANALYMS/REOOMMENOATIONS 

- FINAL REPORT 





Figure 181. Cooled, Variable-Area Radial Turbine r Prograa Schedule. 








10.0 CONCLUSIONS AND RBOOMMENDATIOW8 


The results of the Cooled, Vsrleble-Area Radial Turbine Pro- 
gram show that a high-temperature 1589K (2400*f) turbine is 

mechanically feasible with projected 1988 material properties. 
The design duty cycle life of 4000 hours was achieved with cooled 
Nar-M 247 06 laminated blades and a powder metal disk. The opti- 
mised rotor design allows a relatively high Inducer tip speed of 
640 m/s (2100 ft/sec) and a 0.17-radian (10-degrees) rotor inlet 
blade angle. Optimised duty-cycle performance was established 
from the detailed parametric study that showed high rotor exit 
swirl and reaction were required at 100-percent power. Establish- 
ing the performance potential of the variable-area radial turbine 
was complicated by the lack of meaningful correlations for stator 
leakage and stage cooling flow effects. In addition, the perform- 
ance was limited by a lower-than-desired rotational speed due to 
the combined compressor-turbine performance characteristics. At 
an optimised cycle pressure ratio of 17:1 and a rotational speed 
of 5969 rad/s (57,000 rpm) , the maximum attainable stage effi- 
ciency at 100-percent power is 0.38. The program established two 
viable variable stator concepts: the articulated trailing-edge 

and the rotating-translating movable sidewall. 

Additional conclusions and recommendations resulting from 
the Cooled Variable-Area Radial Turbine Program are: 

o The characteristically large vane sidewall surface area 
of the radial stator (compared to axial stator side- 
walls) results in high sidewall cooling flows. 

o Maintaining a constant pressure ratio over the entire 
duty cycle results in significant increases in vane and 
endwall cooling flow percentages (since cooling flow 
orifice pressure and temperature remain constant) as 
the turbine mainstream flow is reduced from 100- to 60- 
percent engine power. However, since the mainstream 
temperature is constant and the local vane and endwall 
velocities are relatively constant, with engine power 
setting, the cooling flow magnitude must remain fixed 
to achieve the desired metal temperatures. Therefore, 
metering the stator cooling flow as a function of 
power setting is not feasible. 

o It may be possible to meter the rotor cooling flows at 
reduced power since rotor-inlet relative tem|>erature 
decreases with reduced through-flow. Further detailed 
analyses and improved predictions for the rotor inducer 
velocity distribution will be required to define the 
reduction possible. 

o The limited correlations available for the performance 
of a variable-geometry radial turbine with vane leakage 
and cooling result in significant .performance uncer- 
tainties. 
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Preswirling the rotor internal oooling flow to the rotor 
wheel speed increases the turbine output power by 1.165 
percent. Nevertheless, an additional 2.2 percent 
cooling flow punping work nust be offset in order to 
achieve predicted perfornance levels. The uncertain* 
ties associated with vane leakage and stator and rotor 
oooling flows illustrates the need for a comprehensive 
follow-on test program. 

The turbine system (stage plus interturbine duct) opti- 
mization technique is an effective method for identify- 
ing optimum overall duty-cycle performance. 

Evaluation of the predicted turbine performance sug- 
gests the following! 1) stator performance can be 
increased by further optimization of vane endwall con- 
touring in conjunction with a forced work distribution, 
2) The effects of rotor backface and shroud clearance 
can be reduced with shroud treatment concepts. 3) 
Interturbine duct losses can be reduced by either elimi- 
nating the duct struts, reducing the duct endwall curva- 
ture by incorporating a conical power turbine flow path 
or eliminating the duct altogether with a close-coupleo 
power turbine. It is suggested that these areas should 
be investigated in future research. 
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